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Abstract
A spark ignition (SI) engine operating with a lean burn has the potential for higher thermal
efficiency, and lower nitrogen oxide emissions than that of stoichiometric operation. However,
a lean or highly diluted mixture leads to poor combustion stability impacting detrimentally
upon engine performance. An experimental investigation was carried out, on a 4-valve single
cylinder gasoline engine with a split intake tract and two identical production port-fuel
injectors installed, allowing independent fuel delivery to each intake valve. The main objective
of the study was to extend the limit of lean combustion through the introduction of charge
stratification. Novel port fuel injection strategies such as, dual split injection, multiple
injections and phased injection, were developed to achieve this goal. In parallel, a model of the
engine was developed in the Ricardo WAVE software. The model was used to calculate
parameters such as in-cylinder residual gas, for different test points.

Combustion stability was improved for the engine conditions tested. At 1000 rpm and 1.0 bar
gross indicated mean effective pressure (GIMEP), the lean combustion limit was extended
from a 14:1 air-to-fuel ratio (AFR) to 17.5:1. At 1500 rpm and 1.5 bar GIMEP the lean
combustion limit was extended from 17.5:1 to approximately 21:1 AFR. Finally for 1800 rpm
and 1.8 bar GIMEP, lean combustion was improved from 21:1 AFR to 22:1

An experimental spark plug, with an infrared detector, was used to measure the variation in
fuel distribution at the spark plug gap. It showed that the different fuel injection strategies
generated different levels of fuel concentration. It was identified that injections in a single port
created fuel stratification in the spark plug area but were more prone to cycle to cycle
variations in fuel concentration. These variations did not correlate with combustion stability or
flame speed propagation at the speeds and loads tested. The most important parameter to
influence the flame propagation speed was found to be the variation in local lambda with
crank angle just after the ignition timing. It was shown that the fastest flame propagation
speeds did not necessarily result in the lowest CoV in GIMEP.

Finally the fuel injection strategies were investigated for highly dilute conditions, achieved by
means of internal residual gas trapping, with the aim of promoting (spark-assisted)
compression ignition combustion conditions.
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Chapter 1

1 Introduction

1.1 Background
The Internal Combustion Engine (ICE) is not a modern technology. The first engine using
today’s principles (reciprocating piston, in-cylinder compression and a 4 stroke cycle) was
built in 1876 by a German engineer, Nicolaus A. Otto. In fact the thermodynamic principles
behind the engine’s operation, the Carnot Cycle, were formulated even earlier in 1824 by a
French inventor, Sadi Carnot. Karl Benz successfully applied an ICE (similar to the one built
by Otto) to a wagon to replace horses in 1885 officially giving birth to the Automobile
(German patent 37435, 2/11/1886). In the beginning of the 20th century the application of
ICE’s began to expand. They started to be used in ships, trains and planes, with engine
displacements as large as 25x106 cm3 (2 stroke Diesel) or as small as 2 cm3 (2 stroke Spark
Ignition). Its success made it the prime mover for transportation but it was also used for other
applications such as electricity production.

The ICE has been continuously developed. The first improvements were focused on reliability
and power with the first vehicles struggling to go up hill. The development of new
technologies, new materials and new assembly methods led to considerable overall
improvements. Reliability increased considerably as well as power and efficiency which saw
significant improvements over the years. Engine control changed from fully mechanical to
electronic and additional components like the turbocharger began to be incorporated in
engines with great success. The number of engines/cars in use rose globally. An example is
shown in Table 1 for the period of 1990 to 2005. The automobile has become an essential
means of transport and also a machine for leisure and a symbol of status.
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Number of passenger
cars sold in 1990

Number of passenger cars
sold in 2005; *2004

Growth %

European Union

1601590

2197870

37%

United States

1819750

2282760 *

25%

Japan

324360

427470

32%

Table 1: Number of passenger cars sold, Campbell, (2007).

The growth of the ICE brought difficulties. In the 1960’s the automobile began to be
associated with several problems such as air pollution, (smog) and the destruction of the ozone
layer. Currently global warming is attributed to emissions of gases like Methane (CH4) and
Carbon Dioxide (CO2) that increase the so-called green house effect. Oil crisis have led to
shortages of fuel and increased prices. All of these factors have had an impact upon engine
development with governments creating legislation to impose emission limits in the European
Union (EU), in the United States and in Japan. California introduced the first emissions
legislation. Later, in 1976, Volvo introduced the 3 Way Catalytic converter, considerably
reducing tail pipe emissions. Today legislation has been pushing current engine research
towards two key parameters; efficiency improvements (to make a better use of the fuel energy)
and emissions reduction. The catalyst is a good example of how legislation drove engine
development. It’s introduction required accurate control of the air-to-fuel ratio (AFR) leading
to the development of the lambda sensor (measures the oxygen content in the exhaust gas).
The requirement for tighter control of the AFR brought the need to replace the carburettor by
more accurate technology and fuel injection was introduced. However all the new
developments should not compromise the consumer requirements (power and low fuel
consumption). If a new engine does not outperform its predecessor in most aspects its market
success will often be compromised.
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1.2 Motivation for Engine Research
The need to curb emissions is nowadays greater than ever, particularly greenhouse gases
(GHG) such as CO2. According to a 2007 statistical world energy review presented by British
Petroleum, the world’s carbon emissions rose by approximately 1/3 from 1990 to 2006. The
transport industry is commonly blamed for being the main cause of emissions. In 2004, it
contributed to approximately 21% in the European union Campbell, (2007) but this share has
been continuously growing. Between 1990 and 2004 the global EU GHG emissions decreased
by 5%, however the transport emissions grew by 26%. It is expected to grow at a higher rate,
in rapidly developing countries like India and China1. The link between CO2 emissions and
global warming is not yet fully understood (or even undisputedly accepted) by the entire
scientific community. However it is a fact that the Earth’s average temperature has risen in the
past decades, with visible effects in the arctic ice. Pollutants like Nitrous Oxides (NOx), soot
particles and unburned hydrocarbons (ubHC) cause local pollution with direct damage to
human health.

New vehicles sold in the EU have to comply with emission standards as show in Table 2. In
2010, the European (EURO 5) emissions regulations introduced an 80% reduction on the
previous limits for particulate matter in engine exhaust gases. EURO 6 legislation is expected
to follow in 2014/15 and will introduce further limits for the emissions of oxides of nitrogen
(NOx), carbon dioxide (CO2) and soot. If the internal combustion engine is to remain as the
prime mover for automobiles then fundamental research into alternative combustion systems
is required to replace costly exhaust gas after-treatment systems, such as lean NOX traps,
particulate filters and selective reduction catalysts.

1
(China alone consumed 9% of the world energy in 1990, value that rose to 16% by 2006, BRITISH PETROLEUM 2007. BP
Statistical Review of World Energy 2007.
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Tier

Gasoline
(Petrol)
[g/km]

Diesel
[g/km]

Date

CO

HC

HC+NOx

NOx

PM

Euro 1

1992

2.72

-

0.97

-

-

Euro 2

1996

2.2

-

0.5

-

-

Euro 3

2000

2.30

0.20

-

0.15

-

Euro 4

2005

1.0

0.10

-

0.08

-

Euro 5

a

2009

1.0

b

0.10

-

0.06

0.005c,d

Euro 6

2014

1.0

0.10b

-

0.06

0.005c,d

Euro 1

1992

2.72

-

0.97

-

0.14

Euro 2 (IDI)

1996

1.0

-

0.7

-

0.008

Euro 2 (DI)

1996

1.0

-

0.9

-

0.10

Euro 3

2000

0.64

-

0.56

0.50

0.05

Euro 4

2005

0.50

-

0.30

0.25

0.025

Euro 5

a

2009/09

0.50

-

0.23

0.18

0.005d

Euro 6

2014/09a

0.50

-

0.17

0.08

0.005d

a- 2011 for all models
b- and NMHC = 0.068 g/km
c- applicable only to vehicles using DI engines
d- proposed to be changed to 0.003 g/km using the PMP measurement procedure

Table 2: European Emissions Legislation (adapted from the directive 70/220/EEC)

It could be argued (both economically and ethically) that research in internal combustion
engines is no longer justifiable and that resources and efforts should be focused in new
technologies. Researchers and Automakers alike have been investigating different alternatives
to burning fossil fuels, such as electric motors and fuel cells. But electric vehicles rely on
electricity which is still mainly produced by fossil fuels and fuel cells rely on hydrogen
currently being produced from natural gas, a non-renewable energy source. These
technologies are not ready for production and the distribution network is not prepared for a
large scale demand.
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One short term solution is to combine an ICE engine with an electric motor and batteries,
creating a Hybrid powertrain. These vehicles can significantly reduce GHG emissions by
between 37% to 47% Heywood et al., (2004) in comparison to equivalent vehicles. Other
current areas of research are the bio-fuels like methanol and ethanol. These fuels also require
ICE development along with hydrogen which can also be burnt in the cylinder. According to
many researchers the ICE should remain the most affordable and practical technology for the
next 20 years or so, however its economic competitiveness can change due to oil prices. After
a comparison between fuel cells and ICE technology Heywood et al., (2004) concluded that
for the next 20 years substantial emission reduction can be achieved through improving the
ICE and its transmission systems. In fact, Port Fuel Injection (PFI) systems in modern class A,
B vehicles achieve Euro 5 emission levels currently. They are cheap power plants for high
volume vehicles and suitable for hybrid development. It can therefore be concluded that
research in PFI systems is still valid given that it is a simple and robust system, with low
energy requirements.
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1.3 Objectives of Research
It is proposed to research and model the performance of a port-fuel injected gasoline engine at
low loads and low engine speeds and to investigate the relationship between mixture
stratification, combustion phasing and rate of heat release using novel fuel injection strategies.
A new fuel injection strategy (dual port injection and multiple single port injection), will be
used for the study to improve efficiency at low load engine conditions. It is proposed that such
strategies can be used to increase stable combustion limits, under lean burning conditions,
with high levels of exhaust gas dilution, through controlled mixture stratification. The
potential of this solution to support homogeneous charge compression ignition, at high levels
of exhaust gas dilution will be evaluated. The study comprises experimental and modelling
approaches.

There exists an extensive knowledgebase concerning the engine from Hadded and Denbratt,
(1991), to Begg, (2003) as well as the in-cylinder pressure data that is available as input data
for a Ricardo WAVE model. The model will be created to match the conventional spark
ignition combustion characteristics and will then be used to predict the gas exchange process,
and the residual gas fraction trapped in-cylinder. Of particular importance will the evaluation
of the gas-exchange process for the different valve timings required by the homogenous
charge compression ignition combustion. The experimental and simulated data will be
analysed to try to correlate the coefficient of variation in the indicated mean effective pressure
with the air-to-fuel ratios achieved under different injection strategies. Further investigation on
the effects of different injection modes in fuel stratification was proposed by using an
experimental spark plug equipped with an infrared detector.

The effect of the proposed injection strategies on unburned hydrocarbon exhaust emissions
will also be investigated, using a fast flame ionization detector.
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1.4 Thesis Layout
This thesis is composed of seven main chapters (numbers 2, 3, 4, 5, 6 and 7). Chapter two is a
review of the literature on 4 stroke Spark Ignition (SI) and port fuel injection engines. The
review focuses upon different injection and mixing strategies applied to port fuel injection
engines. It also covers the requirements to perform stable lean combustion. The last section of
the review is an extended look into homogeneous charge compression ignition in PFI.

Chapter three describes the engine setup, with focus on the experimental apparatus and the test
plan. The development of an engine model and its implementation in a 1 dimension thermo
fluid mechanic code (RICARDO WAVE) was also described.

Chapter four presents an investigation upon the effect of different fuel injection strategies in
lean combustion performance. Parameters such as, combustion duration, stability and
unburned hydrocarbon emissions were evaluated.

In chapter five are presented results obtained using an experimental spark plug coupled with
and infrared sensor to measure local fuel concentration with crank angle resolution. The main
focus of the investigation was the effect of the different fuel injection strategies upon the airto-fuel ratio concentration in the spark plug area during ignition.

Chapter six describes the investigation to achieve homogeneous charge compression ignition
combustion using a production PFI gasoline engine.

Chapter seven presents a discussion and conclusion of the work. Finally chapter eight
summarises the recommendations for future work.
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2 Literature Review

2.1 Preamble
This review is focused upon 4 stroke, Spark Ignition, Port Fuel Injection (PFI) engines. The
aim is to investigate lean combustion, describe how it is achieved and outline its performance
in PFI engines. The benefits and the limitations of this combustion mode, combustion
efficiency, engine emissions and combustion stability are the centre of the investigation. A
short review of gasoline direct injection (DI) technology and a comparison between the two
solutions is also presented. By evaluating these two different technologies and analysing some
of the advantages introduced by DI, one can gain in-depth understanding of where the PFI
engines currently stand in terms of development, and what difficulties need to be overcome to
develop them further. The implementation of advanced combustion modes, such as
homogeneous charge compression ignition, in current engines will also be reviewed, again
with particular focus on PFI engines.

The internal combustion engine works by converting the fuel’s chemical energy into
mechanical work. The working principle for the spark ignition is based on the Ideal Otto
Cycle, shown in Figure 1. In the ideal cycle the compression (1-2) and expansion strokes (3-4)
are isentropic processes (adiabatic and reversible), and the addition (2-3) and rejection (4-1) of
heat occur at constant volume conditions.
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Pressure, P
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QH
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V1 = V4
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Volume, V

Figure 1: Ideal Otto Cycle, where QH is the energy supplied by the fuel
and QL is the energy “lost” during the exhaust stroke

The efficiency of the Ideal Otto cycle is given by Equation 2.1where rc, is the compression
ratio (CR), given by the ratio of V1/V2 and the

is the ratio of specific heats (CP/CV).

Equation 2.1 shows that increasing the compression ratio raises the cycle efficiency.

Equation 2.1

In spark ignition engines the CR is limited (among other factors) by the occurrence of autoignition (AI) of the fuel mixture which can cause engine damage. Undesired auto-ignition is
associated with audible resonance effects, (knocking) due to a high rate of pressure rise and
the consequent pressure waves. The value of

(specific heat ratio) also affects the cycle

efficiency. This parameter varies typically from 1.2 to 1.5 and therefore its effect on the cycle
efficiency is small but cannot be considered negligible. The ‘real’ engine cycle, shown in
Figure 2, differs from the ideal in several aspects which contribute to lower efficiency in
relation to the ideal cycle.
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•

Compression and Expansion strokes are not reversible and adiabatic processes

•

Heat Losses occur both during compression and expansion

•

Combustion does not occur at constant volume; it is not instantaneous.

•

Non-instantaneous gas exchange (intake and exhaust)

•

Both intake and exhaust process create pumping losses (negative work)

•

Incomplete combustion (Unburned fuel is lost through the exhaust)

•

Blow-by (mass loss past the piston rings during compression stroke)

Pressure [bar]

10

Power loop
1
1

10
Pumping loop

0.1
Volume / Clerance Volume
Figure 2: Real Otto Cycle under heavily throttled conditions at 1500 rpm and 1.5 bar GIMEP

The SI engine normally works with a homogeneous, stoichiometric air fuel mixture, inducted
during the intake stroke. This mixture is ignited by an electrical discharge (spark) during the
compression stroke. This point defines the beginning of combustion. Following ignition,
different flame propagation phases can be identified. The early flame development (typically
defined by the combustion of 10% of the fuel mass, IGN-10% mfb) begins with a small
laminar flame kernel that develops close to the spark plug area. A transition to turbulent flame
propagation occurs and marks the beginning of the main combustion phase (10% to 90 % fuel
of mass burned, 10 to 90 % mfb). The rate of heat release is controlled by the propagating
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speed of the pre-mixed flame. The last stage of combustion is slow and marks the end of
combustion. It can last up to the point of exhaust valve opening.

2.2 Port Fuel Injection
Port fuel injection technology was developed in the beginning of the 1980’s when it began to
replace the carburettor. A typical example is shown in Figure 3. By 1995 it had almost
completely replaced the carburettor due to the need to meet emissions legislation but also
because of its improved transient response time (Zhao and Lai, (1995)). This system uses
electronically controlled injectors to deliver the fuel at a certain crank angle, as opposed to the
carburettor where the fuel would be drown into the air flow due to a low pressure zone further

upstream.

Figure 3: Section view of a Multipoint Port Fuel Injection System, , BOSCH, (2000).

PFI combustion systems evolved from single point injection to multi-point and are
sequentially timed to each individual cylinder. The PFI systems brought a higher degree of
control in fuel delivery; the Air-to-Fuel Ratio (AFR) could be adjusted more rapidly

improving combustion stability, decreasing emissions (particularly ubHC) and increasing the
engine specific power (Stone, (1999)).
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2.2.1 Single Point and Multi-Point Fuel Injection

Single-point injection (SPI) was the first PFI system to be implemented. It uses a single
injector, located in the main intake duct, to deliver fuel to all the cylinders. Liquid fuel is
injected with pressures usually below 5 bar. Fuel evaporation and mixing with the air occurs
mostly before the cylinder chamber. Given the distance between the injector location and the
intake valves, variations of the mixture AFR for each cylinder are likely to occur. The degree
of variability of the fuel delivery will depend upon the intake geometry; higher variability has
a negative effect on the engine performance (Zhao and Lai, (1995)).

In a Multi-Point Injection (MPI) arrangement one injector is used per cylinder as shown
schematically in Figure 4. With this configuration the injectors are located closer to the intake
valves greatly improving transient response (Zhao and Lai, (1995)). An important control
parameter for MPI systems is the “targeting” of the fuel spray. Generally it is aimed to hit the
back of the intake valve (the hottest surface in the port) to improve fuel evaporation and
mixing. If misaligned, the fuel spay will hit other surfaces increasing wall wetting and
generating undesired fuel film pools. This issue becomes particularly important during cold
start where the valve is the first surface to warm up (Zhao, (2007)). A considerable advantage
of MPI systems is the possibility to phase the fuel injection. The injection timing can be varied
according to the valve timing of each cylinder, further improving the control of the AFR.
Injection can be performed during the open valve period or when the valves are closed,
increasing the engine’s flexibility, potentially benefiting emissions control and extending the
lean combustion limit.
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Figure 4: Schematic comparison between Single Point fuel Injection (SPI), on the left, and Multi-Point Fuel
Injection (MPI) on the right. BOSCH, (2000)

The engine load is controlled by a throttle valve to vary the air flow rate into the intake
manifold. A mass flow sensor and the Electronic Control Unit (ECU) then calculate the
required amount of fuel to be injected. The transient fuel deliveries can be accomplished faster
with MPI. A better fuel distribution is also achieved by metering of fuel for each cylinder,
lowering the variations in AFR between cylinders and consequently reducing engine
emissions and improving combustion stability. An electronic signal controls the fuel injection
duration which generally varies between 1.5 ms and 18 ms.

Ignition is controlled by a spark plug, which generates an electrical discharge close to end of
the compression stroke, between 60 crank angle degree (CAD) before top dead centre (BTDC)
and 20 CAD BTDC. If the air-fuel mixture is within the flammability limits, a flame kernel
develops around the spark plug gap and then propagates throughout the chamber consuming
the air-fuel mixture. Accurate ignition control is required because late (retarded) ignition can
lead to incomplete combustion, lowering efficiency and increasing emissions of ubHC and
CO. Early ignition can cause engine knock. This phenomena occurs when the rising pressure
due to combustion causes the temperature of the end gas (portion of air-fuel mixture that is
reached last by the flame) to reach the auto-ignition point, creating a very fast pressure
increase that can cause engine damage. Exhaust gas is normally treated using a 3-way catalytic
converter. These operate most efficiently with stoichiometric air-fuel mixtures and for
temperatures greater than 400°C. Therefore it does not solve the emissions problem for cold
starts.
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2.2.2 Injectors

There are several types of fuel injectors available to use in a PFI system. They are typically
classified according to different characteristics such as the number of holes (pintle, single
hole, multiple hole, double spray), the actuation system (solenoid, piezoelectric, ultrasonic
vibration), injection pressure (low pressure < 5 bar, medium pressure between 5 and 15 bar
and high pressure > 15 bar), Zhao and Lai, (1995). The injectors used in PFI systems are
considerably simpler than the ones used for direct injection (DI) engines. Due to harsher
operating conditions, e.g. injection pressures up to 200 bar and external temperatures in excess
of 300°C, DI injectors are 10 times more expensive that PFI ones.
A PFI injector typically deals with pressures between 3bar and 5 bar, and external
temperatures (up to 80°C) therefore they are significantly cheaper to produce. An example of a
typical PFI injector is shown on Figure 5. Such PFI injectors must meet several requirements,
good atomization, accurate fuel metering, fast actuation, minimal leakage, good resistance to
deposit formation and low pulse to pulse (“shot” to “shot”) variability.

Figure 5: Bosch Injector LH type (low impedance) assembly with black cover removed, BOSCH, (2000).

In PFI systems the influence of the fuel spray upon combustion is not as crucial as in direct
injection. However the interaction between the fuel spray droplets and the ambient conditions
can be significant (particularly with open valve injection) and will affect engine performance
especially during cold starts. Meyer and Heywood, (1999) used a phase Doppler particle
analyser in a motored optical engine to measure the size and velocity of the fuel droplets in the
vicinity of the intake valve at different engine conditions. They found, that at an engine speed
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of 1100 rpm and intake depression of 0.5 bar, the intake airflow velocity had little influence on
the mean droplet sizes. The droplet size distribution only varied significantly between open
and closed valve injection timings. Open valve injection produced smaller mean diameters as
fuel passed through the valve gap. Droplets generated by closed valve injection depended
upon the thickness of the liquid fuel films on the intake port, which can be significant during
cold conditions. But for hot conditions, it is possible to reduce the liquid fuel entering the
cylinder by using the longest possible time between injection and intake valve opening.

Good atomisation is important for fast evaporation and a reduced mixing time. The main
parameters to consider in fuel injection are fuel targeting, injection timing and droplet size,
(Zhao, (2007)). The droplet size can be quantified by the Sauter mean diameter (SMD) which
is a statistical measure that relates the volume of the droplets in a spray to their total surface
area. A typical PFI injector produces droplets with SMD’s between 70 and 150 µm. If the fuel
droplets are too large, they can hit the port walls and the mixture formation becomes less
dependent upon droplet size (Zhao and Lai, (1995)) and more dependent upon the fuel film
transient behaviour. Holthaus et al., (1997), used phase a Doppler interferometer in an optical
engine running at a speed of 1000rpm. For an intake duct with a radius of 31.5mm and an
intake gas phase velocity of 15m/s, it was concluded, that to be entrained in the airflow and
avoid wall impact, the fuel droplets had to be smaller than 10 µm in diameter.

The droplet size distribution, spray velocity and pattern, are features that vary from one
injector to another. Hindle, (2008) showed that multi-hole injectors could produce a finer
droplet distribution with narrower spray angles, reducing the formation and the accumulation
of liquid fuel films at low air velocities in the port. However single hole injectors have higher
injection momentum resulting in better targeting accuracy, particularly in conditions with high
reverse flow. These factors can significantly affect port wall wetting and consequently will
affect cycle to cycle combustion stability and emissions. Some injectors have added
mechanisms to improve atomization and mixing. Air-assisted injection, swirl tips, nozzle tip
heating and ultrasonic vibration are some examples. A review by Zhao and Lai, (1995)
concluded that air-assisted injection could enhance engine stability, transient response and
decrease ubHC emissions during hot and cold engine conditions. However it would require
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careful integration and optimization, simply adding air-assisted injection did not necessarily
improve performance.

Injection timing signals are also subject to pulse-to-pulse variability that can affect engine
performance particularly for open valve injection timing. The fuel delivery will be subject to
pressure fluctuations and geometrical differences within manufacturer’s tolerances for
identical injectors. The AFR from cylinder to cylinder can be subject to variations due to these
differences in injector characteristics. The desired amount of fuel to inject each cycle is,
electronically controlled by a pulse-width modulated signal. A typical linear fuel delivery rate
is shown in Figure 6 for a Siemens Deka 4-hole injector. For this case the fuel injection
response has a linear bandwidth for pulses between approximately 2 ms and 5 ms. Hindle,
(2008) showed that very short pulses, below 2 ms or 1.6 times the sum of the solenoid opening
and closing time, caused cycle-to-cycle variations in the injected fuel amount and
consequently, in the air-to-fuel ratio. For long injection pulses, the injector reached the
maximum flow rate and the fuel mass delivery rate reaches a plateau. In some engines the
maximum load at high speeds requires the injector to remain fully open between cycles.
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Figure 6: Siemens Deka 4 hole injector, mass flow rate (linear injector bandwidth) with injection pressure of
3.5 bar, measured using Ricardo Rate Tube, Hindle, (2008)
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The fuel characteristics such as boiling point and volatility will affect the evaporation rate. For
part load, the intake manifold pressure is lower than the atmospheric pressure in naturally
aspired engines. When the manifold pressure is reduced below the saturated fuel vapour
pressure the evaporation process can be enhanced, but the reduced airflow rate does not
benefit mixing.

2.2.3 Direct Injection

Direct injection (DI) systems are not within the scope of this work. However since they are
likely to be the future replacement for PFI systems (Alkidas, (2007)), it is useful to review the
advantages and disadvantages of this technology and, to understand the current restrictions of
PFI technology. The difference between PFI and DI systems is essentially the location of the
fuel injector, which delivers fuel directly into the combustion chamber, in the DI case. An
example of a spray guided DI gasoline engine is shown in Figure 7. The injector is mounted
on top of the chamber. Direct injection is not a recent idea for SI engines. In the 1940’s it was
widely used in aircrafts with radial engines. In the automotive industry, direct injection of
gasoline was used in 1954 by Mercedes Benz in the 300SL. In recent years this technology has
become attractive due to higher injection pressures, the increased quality of the injectors
(assembly and materials) and the improved precision of the electronic control units. Zhao et
al., (1997) reported that a lean DI system has the potential for up to a 30% decrease in fuel
consumption over PFI with similar emissions levels.
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Figure 7: Section view through a DI BMW Engine, BMW_AG, (2006)

DI combustion chambers require careful design of the piston and the injector location. The
spray interaction with the piston and the in-cylinder air flow motion must be considered. DI
engines are generally classified in three main groups according to their chamber design: wallguided, spray-guided or air-guided. These designations essentially distinguish the different
methods required to generate a combustible charge near the spark plug gap. The methods can
be used to promote a high degree of mixture stratification that allows the engine to be operated
at much leaner conditions than with a conventional PFI system. The low engine loads can be
performed at wide open throttle, controlled only by fuel injection duration and timing
(stratified charge) and spark ignition timing. The evaporation of the fuel inside the chamber
enhances the charge cooling effect, increasing volumetric efficiency and allowing for higher
compressions ratios to be employed.

The DI systems offer the flexibility to inject fuel at any desired crank angle enabling multiple
injections and the possibility to alter the AFR during the cycle. These factors contribute to
improved engine efficiency, but they also increase the complexity and the costs of the engine.
The cost factor renders this technology less attractive for vehicles inserted in the A and B
segments (typically the smallest passenger vehicles) according to the European vehicle
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classification, Miert, (1999). A typical example for segment A is the Smart fortwo, and for
segment B the VW Polo.

Other disadvantages of DI systems are the emissions during cold start. Unburned fuel (ubHC
emissions) can be particularly high due to cylinder wall wetting. In addition, when running
stratified mode, which has a globally lean AFR, the NOx emissions tend to increase. A
summary of advantages and disadvantages is given in Table 3 for comparison.

DI improvements over PFI

DI disadvantages

Improved transient response

Complex control system to switch between operation
modes, stratified and homogeneous, high cost

Higher compression ratio

Throttle still required for medium and high loads

Reduced pumping losses for stratified-charge mode

Higher emissions, NOx (stratified charge)

Charge cooling effect, higher volumetric efficiency

Complex in-cylinder flows, air motion sensitivity

Less enrichment used for acceleration
Better AFR control (no port wetting)
Higher tolerance to EGR

Increased complexity of injection systems. With
higher energy requirements. More Expensive
3 way catalytic converter, not efficient for lean
operation
Soot formation at high loads

10% less fuel consumption over the European
Sensitive to combustion chamber design
driving cycle
Table 3: Summary of review presented by Zhao et al., (1997): benefits and drawbacks of DI technology
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2.2.4 Conclusion

PFI represented a major step in engine performance over carburettors. These systems now
commonly use multipoint injection with phased injection timing. Despite significant
improvements to these systems there are still several disadvantages. These problems can be
partially solved by DI systems but the technology is still considerably more expensive and
therefore not ready for the European A and B vehicles segments. Also DI technology
introduces new problems such as reduced efficiency of the 3-way catalyst when burning lean.
Zhao et al., (1997) noted that often the benefit of DI engines was not accurately reported. For
example eliminating the throttle would require a vacuum pump for other functions. Also the
extra energy required by the high pressure pump was often not considered. Furthermore new
emission legislations will take into account the soot particles from direct injection engines
which may require expensive after-treatment filters. Since stratified operation is a major
advantage of DI, PFI technology should be pushed towards stratification.
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2.3 Mixture Formation
The mixing process in a PFI system is governed by the gas flows through the manifold and
within the cylinder. During the intake stroke, the cylinder chamber is filled with air due to a
pressure gradient created by the piston movement towards BDC. The alternating motion of the
pistons and the valves during engine operation produces a multi-dimensional and turbulent,
non-stationary flow pattern (Begg, (2003)). It can be characterised by its temporal (turbulence)
and spatial (integral length scales) resolution. Given the complex fluid motion and the
simultaneous heat and mass transfer, mixing of air and fuel becomes a crucial part of engine
development. Several parameters affect the air flow and the fuel spray interaction. The some
of the most important ones are the manifold geometry and pressure, combustion chamber
shape, air flow momentum (dependent on engine speed and valve lift), the injector geometric
properties, the injection pressure, injection duration and phasing, spray pattern, droplet size
distribution, fuel properties and port/wall temperatures. Mixing with residual burnt gas from
the previous cycle inside the cylinder chamber must also be taken into account.

The interaction of the air flow and the fuel spray momentum is known to have a significant
impact on engine behaviour and hydrocarbon emissions. Engine speed is particularly
important in this process as higher velocities promote faster mixing (Zhao, (2007)). Normally,
for closed valve injection, (CVI) the air flow and fuel spray interaction is reduced since there
are no mean flow velocity components but only decaying motions. After injection small
droplets tend to decelerate and larger ones maintain their trajectories until hitting the valves or
the walls (Zhao and Lai, (1995)). Kim et al., (1997) used laser induced fluorescence to
investigate the induction and mixing of fuel during intake, at 1500 rpm with a manifold
pressure of 0.5 bar and hot engine conditions. They identified, for open valve injection (OVI),
fuel droplets present during combustion by observing spots with diffusion flame
characteristics. For CVI no droplets were found. They also observed that the air flow
interaction caused secondary break-up of the spray. When droplets hit the walls or the valves,
a liquid fuel film formed or the droplets rebounded and changed trajectory. The liquid fuel
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deposits then become subject to strip atomization due to shear forces between the gas and the
liquid phases.

It is also important to consider the influence of backflow which occurs during heavily throttled
conditions or for large valve overlap periods. From the combustion and emissions point of
view, homogeneous mixing is generally advantageous in PFI engines. It is not desirable to
have liquid fuel inside the combustion chamber.

The intake stroke will partially determine the engine performance, therefore matching the
injection timing and the valve events can lead to considerable improvements in the engine’s
transient response and volumetric efficiency (defined in Equation 2.2, for a four stroke
engine). Promoting structured flow patterns such as swirl or tumble can significantly improve
mixing leading to emissions reduction and improved combustion stability. [Urushihara et al.,
(1996), Lee et al., (2007)]. These air flow motions formed inside the cylinder chamber play a
crucial role in combustion by controlling the flame speed propagation.

 



 

Equation 2.2

Where ηv is the volumetric efficiency, ma is the air mass flow, Vd is the displaced volume, ρ is
the air density at the intake manifold conditions and N is the engine speed.

2.3.1 Bulk Air Motion and Turbulence

Modern intake systems are designed to produce controlled air motions. The characteristics of
the in-cylinder air flow are dependent upon the geometry of the intake ducts and valves, the
chamber design and the piston shape. The interactions of the flow with the physical
boundaries will vary with engine speed (piston speed), the valve timing and valve lift. The two
main air motions generated in combustion chambers are swirl and tumble as shown in Figure
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8. For SI engines, the most common in-cylinder air flow is tumble, but the combination of
tumble and swirl is becoming more common.

Figure 8: Definition of in-cylinder bulk air motion (Southwest Research Institute, Flowbench Facilities
Brochure, 1997)

Tumble, or barrel swirl, is defined as a rotational motion of the flow about an axis
perpendicular to the axis of the cylinder. The tumble intensity can be defined by a
dimensionless parameter (tumble ratio); the ratio between the charge angular velocity and the
angular velocity of the crankshaft (engine speed). This air flow motion is created during the
intake stroke, when the air enters over the top part of the valve and rotates towards the exhaust
side. The tumble is said to be direct or forward. Reverse tumble can also be used. In this case
the rotational motion is in the opposite direction. The mixture enters between the intake valve
and cylinder wall and moves firstly towards the bottom of the cylinder. To generate a
controlled tumble motion, the shape and position of the intake (duct and valve) in relation to
the combustion chamber is critical. To promote and sustain the tumble flow inside the cylinder
chamber, during the compression stroke, a pentroof geometry is usually employed.

The main purpose of tumble and swirl is to store kinetic energy generated during the intake
process that would be dissipated during compression if contained in smaller random
structures. The tumble flow reduces energy dissipation until, in the latter stage of compression,
the main vortex (eddies constrained by the system boundaries) become unstable. Then breakup into several large-scale eddies (kinetic energy) that will decay into micro-scale turbulence
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due to viscous shear stress. The smallest scale of turbulence is limited by molecular diffusion.
The level of generated turbulence is strongly correlated with the tumble intensity.

Turbulence plays an essential role in combustion. It improves fuel vaporization and mixing
and influences the flame speed propagation (heat release rate) Lee et al., (2007). The turbulent
engine flows can be characterised by their mean speed, turbulence intensity and integral length
scale (which is a spatial measure of the largest structure in the flow field). The mean flow
speed increases linearly with engine speed from low levels at low speeds. Increasing
turbulence intensity results in faster early flame development with benefits in combustion
efficiency. However if the levels of turbulence are too high, the increase in heat losses to the
walls can cause flame quenching. For stoichiometric PFI spark ignited combustion, turbulence
is required at the spark plug gap but with a low mean flow velocity Begg, (2003) to avoid
flame convection. Zhao et al., (2002) reported that a strong mean velocity might, in some
conditions, have a positive impact on combustion stability; for example when the early flame
kernel develops predominantly in the same direction it becomes less sensitive to random
convection effects. Jackson et al., (1997) also identified benefits in having a certain level of a
predominant mean flow direction, which stretched the flame front enlarging the surface area
and increasing the rate of burning in the early stages of combustion. Several researchers
acknowledge turbulence as an important factor to improve combustion stability, particularly
under lean conditions, where increasing turbulence can counteract the effect of the slower
flame propagation in lean mixtures and therefore reduce ignition delay.

Swirl is the air motion which has a rotational axis parallel to the cylinder axis as shown in
Figure 8. The Swirl intensity can be defined, in a similar manner to tumble, by a
dimensionless parameter (Swirl ratio) which is the ratio between the charge angular velocity
and the angular velocity of the crankshaft (engine speed). This type of flow is more commonly
used in Diesel combustion chambers but some spark ignition engines use it at low engine
speeds to increase turbulence levels. A review of different studies by Zhao, (2007) concluded
that swirl combined with OVI can help to contain the fuel droplets within the centre of the
combustion chamber avoiding cylinder wall wetting.
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Several engines like the well known Honda VTEC or the GM ‘twin port’ generate tumble for
medium and high loads and swirl for low loads. This is normally achieved by using a swirl
control valve as shown in Figure 9, or by de-activating one intake valve using a variable valve
drive train.

Swirl control
valve

Figure 9: Swirl control valve. A fully open on the left image shows a predominant tumble motion. Closing the
valve, on the right image promotes swirl, Opel_AG, (2004)

Another flow type used to increase turbulence levels is referred to as squish. It is mostly used
in compression ignition engines where it is generated at the end of the compression stroke. It
usually requires a specific piston design.

The non-stationary nature of the intake flow means that perfectly defined, single axis, incylinder flow motions are unlikely to be achieved; both temporal and spatial variations exist.
The magnitude and longevity of the different flow patterns will vary according to, the chamber
design, the intake geometry, valve location, piston shape etc. Hadded and Denbratt, (1991)
observed variations in the tumble inclination, using laser doppler anemometry measurements,
even when using symmetrical intake valves at 1500 rpm. Certain methods have been used to
improve and increase the intensity of the in-cylinder flow motion. Shrouded valves have been
used to increment the tumble ratio. Tumble or swirl control valves located in the intake duct,
have been used as control devices to guide the flow. Lee et al., (2007) combined port
inclination with a swirl control valve to increase both tumble and swirl, shortening combustion
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duration. Jeon and Chang, (1998) increased the tumble ratio from 1.05 to 2.25 by changing the
angle between the intake duct and the pentroof from 15° to 20°. Urushihara et al., (1996)
produced different tumble levels using shrouded valves, tumble type control valves and by
splitting the intake port and using a shutter valve and a deflector. It was concluded that lean
combustion could be improved when combined with optimized injection timing. Russ et al.,
(1997) used a swirl plate to promote swirl in a pentroof chamber and to extend the lean
combustion limit to 22 AFR at 1500 rpm and 2.62 bar BMEP. All of these methods however
increased the pumping work and decreased the volumetric efficiency. Therefore there is a
trade off that must be considered before increasing swirl or tumble levels. Adding plates or
valves to the intake can improve combustion stability considerably at low loads but these
devices have to be considered carefully because they will impair engine breathing at high
loads and speeds.

In the review by Zhao, (2007) of recent engine studies, it was concluded that enhancing swirl
or tumble for start-up (using specific control valves) decreased emissions, thereby reducing
the need for over-fuelling during cold start operation. Due to the sense of rotation relative to
the cylinder axis, tumble will be turned into turbulence sooner than swirl (the curvature of the
cylinder walls sustains swirl better). However Hadded and Denbratt, (1991) found that in
some cases, increasing the tumble level through shrouded valves did not result in increased
turbulence in the later part of the compression stroke. The break-up of the mean tumble flow
occurred very early and as result, turbulence levels at top dead centre (TDC) where low due to
a strong valve to valve flow interaction, with a reduced curtain area resulting in secondary
vortices being formed. Arcoumanis et al., (1998), used sleeved ports to increase the tumble
strength by 80%. They observed, at 1500 rpm, part-load and equivalence ratio of 0.8, a sharp
rise in CoV due to a misfire which was attributed to cyclic variability in the mean flow.

26

Chapter 2

2.3.2 Close Valve Injection vs. Open Valve Injection

The development of sequential, multipoint injection has enabled the possibility of injecting
fuel at different valve timings. This section presents a review of closed valve injection timing
and open valve injection timing. In the first case fuel is injected against closed intake valves.
In the second case, fuel is injected when the intake valves are open, each method influences
engine behaviour in a different way.

The most commonly employed method, in SI engines, is CVI; essentially due to lower ubHC
emissions at low loads and cold starts. For CVI the fuel has more time to evaporate as it
remains inside the intake port for longer periods although fuel residence time decreases with
increasing engine speed. However for most cases it cannot be considered that the fuel will be
fully evaporated when the intake valves open, particularly during cold start conditions, (Zhao
and Lai, (1995)). When the engine surface temperatures are cold, incomplete evaporation
occurs and the injected fuel accumulates in the port creating a liquid fuel film in the vicinity of
the intake valve. Due to the slow fuel evaporation rate, the first engine cycles require overfuelling. This results in high ubHC emissions as reported by Zhao, (2007). To reduce the
build-up of a liquid fuel pool, the spray must be directed to reduce wall wetting to a minimum
and preferably to hit the back of the intake valve, which is the hottest surface of the intake
port. For CVI the spray angle and the spray trajectory were found to influence engine
behaviour more than droplet size by Meyer and Heywood, (1999). A good targeting accuracy
improved transient response by accelerating fuel evaporation and improving mixing. For CVI,
the initial fuel spray does not have a direct impact on the droplet size entering the chamber. If
liquid fuel reaches the cylinder, it is due to secondary atomisation processes in the fuel film.
Droplets formed by strip atomisation at the edge of the valve seat have diameters that vary
with the fuel film thickness and the mass flow of intake air.

Kim et al., (1997) performed investigations in an optical engine, with a pentroof chamber and
2 intake valves. The induction and mixing of fuel took place during the intake and
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compression strokes. Laser induced fluorescence measurements were applied during fired
operation using a mixture of iso-octane and 10% gasoline by volume as a tracer. They
measured diameters of 60 to 70 microns inside the cylinder, for cold start, with wide open
throttle (WOT) and CVI during early intake. Even during the compression stroke some
droplets were observed with diameters smaller than 40 µm. The in-cylinder liquid fuel droplet
diameter (SMD) was highly dependent upon the fuel film thickness and the fuel transport
mode. For hot conditions and WOT, no droplets were observed.

Meyer and Heywood, (1999) identified, using a phase Doppler particle analyser, four different
ways by which liquid droplets can be transported into the combustion chamber in PFI systems.
Most of them are a result of secondary atomization effects, namely:
•

First forward flow atomization (Closed Valve Injection)

•

High speed intake air transport

•

Fuel film squeezing.

•

Injection contribution (Open Valve Injection)

The first situation occurs after any intake reverse flow, when the mixture starts entering the
cylinder and the shear forces between the air flow and the liquid fuel pool are strong enough to
cause strip atomisation as reported by Holthaus et al., (1997).

The second case, where liquid fuel is transported into the cylinder, occurs in a similar manner
from mid stroke where the intake air velocities through the port are highest. The liquid fuel is
dragged closer to the valve and is subsequently strip atomised. The third form of transport
occurs at the end of the intake process as the valve closes. Any liquid fuel present in the valve
seat area is squeezed and forced into the chamber or back into the port. Meyer and Heywood,
(1999)

The last mechanism of liquid fuel transport occurs with OVI. Its due to the strong interaction
between the fuel spray and the air flow and results in OVI being more sensitive to injection
and injector characteristics. The air velocity can be higher than the spray velocity. The fuel
droplets can be entrained within the air flow. For OVI, the air flow rate changes with speed
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and has been shown to alter the fuel trajectory at 2000 and 3000 rpm by Zhao and Lai, (1995).
It did not greatly affect the droplet size. Kim et al., (1997) measured droplet sizes of
approximately 100 µm for WOT, OVI, during the early intake stage. Some droplets of 50 to
80 µm in diameter were observed in the late stage of the compression stroke. The large fuel
droplets entering the cylinder were more likely to hit the wall opposite to the intake valves or
the surface around the exhaust valves. During cold start and high loads, OVI can even cause
plug wetting. Zhao and Lai, (1995) concluded that SMD values under 25µm can significantly
reduce wetting. Holthaus et al., (1997) stated that droplets have to be smaller than 10 µm for
direct air entrainment to occur with impact on combustion performance due to improved
mixing, a faster transient response and reduced cold start emissions. It should be noted that
secondary atomization also occurs for OVI when the air velocity increases rapidly.

Under heavily throttled conditions or with early exhaust valve closure, both OVI and CVI
injection strategies experience reverse flow within the valve overlap period. After intake valve
opening, the reverse flow drags the smaller droplets in the opposite direction to the cylinder.
Given the high temperature of the back flow, fuel evaporation is improved, Holthaus et al.,
(1997) measured smaller SMD with the occurrence of backflow. Meyer and Heywood, (1999)
found that backflow reduced First Forward Flow Atomization by redistributing the liquid fuel
in the port. The engine response was sensitive to the reverse flow of fuel droplets as reported
by Zhao and Lai, (1995).

Closed Valve Injection

Open Valve Injection

More time for fuel evaporation

Faster transient response

Lower volumetric efficiency

In-Cylinder charge cooling

Lower cold start emissions

Certain degree of stratification

Lower dependence of finer atomization

Higher degree of heterogeneities in mixture

Port wall wetting (liquid film formed)

Possible wetting of cylinder walls
Reduced port wall wetting

Table 4: CVI vs. OVI summary of advantages and disadvantages.
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2.3.3 Flame propagation

A flame was defined by Heywood, (1988) as “a result of a self-sustaining chemical reaction
occurring within a region of space called the flame front where unburned mixture is heated
and converted into products.” Combustion in a spark ignition engine is characterised by a premixed flame. The flame propagates through the mixture of air and fuel. A separation line is
formed between the reactants and products of combustion. Three stages can be identified
during combustion; the early flame development, the main combustion period and the final
combustion stage.

The spark discharge initiates combustion by creating a small flame kernel close to the spark
plug. This period is characterised by slow speed laminar flame propagation. The transition
period, usually corresponds to 5% to 10% of the mass fraction of fuel burned. The laminar
flame speed is dependent upon the concentration of the chemical species and the temperature.
For gasoline mixtures the laminar flame speed at 1 bar and 300 K is approximately 0.35 m/s
for lambda (λ) of 0.9, defined in Equation 2.3 (where ø is the equivalence ratio). It decreases
for both leaner and richer mixture concentrations. Adding residual gas drastically reduces the
laminar flame speed propagation; the dilution effect of residual gas is greater than the addition
of excess air Heywood, (1988).
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Equation 2.3

The initial flame kernel development is considered by many researchers to be the most critical
stage of combustion, as it strongly affects the subsequent phases. Its formation is primarily
influenced by the mixture composition (air-to-fuel ratio), by the percentage of residual gas, by
the mean flow velocity in the spark plug area and by the random turbulence effects. Heywood,
(1988) defined the flame development angle, ∆θd as the duration in CAD of the first phase of
combustion. The duration of the initial phase is often approximated by Equation 2.4, where the
air flow motion is represented by the integral length scale, lI, the turbulence intensity, u’ and
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the Taylor microscale, lM (which relates the fluctuating strain rate of the flow to the turbulence
intensity). The contribution of the air-to-fuel ratio, residuals and temperature is introduced by
the laminar flame speed, SL term. C is a constant depending on engine design.
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∆θ d = C ⋅  I 
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Equation 2.4

Hadded and Denbratt, (1991) measured a linear relationship between turbulence intensity at
the spark plug and the duration of the early combustion phase. This correlation remained valid
when exhaust gas was added to the mixture but was no longer applicable when burning lean
air fuel mixtures. These results showed the influence of the AFR upon the early flame
development. Variations in AFR and the non-stationary flow motion caused cycle to cycle
variations in the flame development, which are reflected in cycle to cycle variations in other
parameters such as maximum pressure, burn rate, maximum rate of pressure rise and gross
indicated mean effective pressure (GIMEP). The coefficient of variability (CoV) in GIMEP,
defined in Equation 2.5, is often used to quantify combustion stability.

CoVGIMEP = [(Standard Deviation)GIMEP / (Mean)GIMEP ] x 100

Equation 2.5

Aleiferis et al., (2000), using stereoscopic CCD imaging in a pentroof stratified charge engine,
found for an AFR of 22 and 1500 rpm the cycle combustion performance was defined 20 CAD
after the spark discharge, corresponding to approximately 0.2 mass fraction burn. Stone et al.,
(1996) compared experimental and simulated data obtained at full and part load to conclude
that cycle instability is defined in the very early stage of combustion; slow burning mixtures
(where flame kernel growth is slower) were subject to displacements of the early flame kernel,
which increases cycle to cycle variations. They also observed that at part load the burning
velocities were reduced in comparison to the full load case. The reduction in turbulence and
higher levels of residual exhaust gas contribute to the slower flame propagation and increased
cycle to cycle variations. However in this case, cycle to cycle to variations in the mean flow
also contributed to the instabilities affecting the early flame kernel growth and displacement.
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Aleiferis et al., (2004) used an optical engine based on the 1.5 litre VTEC engine with 4 valves
and a pentroof geometry. Operating the engine at 1500 rpm and using two CCD cameras with
UV sensitivity, they found that combustion stability, defined in Equation 2.5, strongly
correlated with the initial combustion phase. They observed, for two different turbulence
intensities, a correlation between local AFR in the spark plug proximity and the duration of
early combustion.
As the flame kernel increases in size, usually propagating with the shape of a wrinkled
spherical surface, it is distorted and becomes increasingly wrinkled by the turbulent flow
motion. The transition to a fully turbulent flame occurs, defining the beginning of the main
combustion phase. The highly wrinkled turbulent flame propagates at a speed considerably
higher than the mean piston speed, flame thickness is up to 100 times greater than the
thickness of the initial flame Heywood, (1988). Berckmüller et al., (1997), using a single
cylinder engine with 4 valves and a pentroof chamber with optical access, running at 1500 rpm
with 2.1 tumble ratio, found a strong correlation between the fuel concentration at the spark
plug gap area and the subsequent pressure development. However they concluded that once
the flame was fully established, other factors, and not fuel concentration, affected the direction
of flame propagation. It is widely agreed that the main flame propagation speed is strongly
influenced by the turbulence intensity and the turbulent length scales. Some empirical studies
suggested a linear relationship between the ensemble-averaged turbulence before combustion
and the average burning velocity of the turbulent flame, Begg, (2003).

Temperature gradient can also significantly affect the direction of the flame propagation. Russ
et al., (1997) verified that the main combustion period, defined as 10-90% mass burn,
correlated with tumble intensity. However when tumble convects the flame towards the wall,
the burn duration was greater. If the flame was pushed away from the chamber surfaces, it
propagated faster. Similar results were also observed by Stone et al., (1996).

The final stage of combustion, defined as 90% to 100% mass fraction burned, cannot be easily
quantified because of the low heat release rates that are comparable to the heat transfer
processes Heywood, (1988). During this phase, the flame reaches the cylinder walls and can
no longer propagate. Some of the remaining unburned zones behind the flame, and fuel
released from the crevices, are still consumed during this period until combustion ends.
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2.3.4 Conclusion

The air fuel mixture formed during the intake stroke is dependent upon injection timing (open
valve or closed valve) and the spray interaction with the air flow motion. Turbulence is of
particular importance for combustion; the turbulence levels at the end of the compression
stroke can be increased by breakup of defined in-cylinder air flow motions such as tumble and
swirl. Combustion can be represented by three phases; the early flame development, the main
combustion period and the final combustion stage. The air-to-fuel ratio, exhaust residuals,
turbulence intensity, mean air flow motion and temperature gradients are the main parameters
that control combustion. The early flame period is of critical importance for combustion
performance. All these parameters vary on a cycle to cycle basis which introduces combustion
instabilities. The control of the air motion can improve engine performance considerably.
Increasing, tumble or swirl ratio, usually reduces cycle to cycle variations by increasing
turbulence levels and reducing combustion duration, which benefits combustion efficiency.
Additionally increasing tumble and swirl ratio produces more stable rotating flow from cycleto-cycle. Other methods to improve combustion stability will be analysed in section 2.4.1.
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2.4 Lean SI Combustion
Combustion is defined as lean when the fuel is oxidised in excess air; the higher availability of
O2 increases the chance of complete combustion improving the fuel conversion efficiency, (ηf)
given by Equation 2.6

ηf =

Wc
m f ⋅ QHV

Equation 2.6

Where Wc is the indicated work, mf, the fuel mass and QHV, is the fuel heating value.
In the medium and the low load ranges, an engine producing equivalent load requires less
throttling when burning a lean mixture as opposed to a stoichiometric one. An example is
shown in Figure 10, for a load of 1.5 bar GIMEP at 1500 rpm. Under stoichiometric
conditions (lambda 1) the pumping work is 0.794 bar and under lean conditions (lambda ~1.4)
the equivalent pumping work is 0.75 bar. This reduction in pumping losses improves
volumetric efficiency and leads to an increase in mechanical efficiency.

10
AFR 14.7

In-cylinder pressure [bar]

AFR 21.0

1
0.00001

0.0001

0.001

0.1
Volume [m 3]

Figure 10: Pumping work comparison between lean combustion and stoichiometric,
1500 rpm and 1.5 bar GIMEP
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Low loads and idle represent up to 25% of the New European Drive Cycle (NEDC), EEC
Directive 90/C81/01. As this driving cycle (performed in a roller dyno) is used for emission
certification of new vehicles in the European Market, a small reduction in pumping losses can
decrease the CO2 emissions, with benefits for the vehicle tax category.
The ratio of isentropic heat capacities at constant pressure and constant volume, (CP/CV) = γ is
an important parameter for the Otto cycle efficiency. Increasing its value raises the cycle
efficiency. Leaner mixtures have higher amounts of nitrogen leading to an increase in the
overall value of gamma, γ. Gamma varies with temperature and air-to-fuel ratio (AFR) as
shown in Figure 11. The lower combustion temperatures generated with lean mixtures
compared to stoichiometric mixtures lead to an increase in the cycle efficiency.

Figure 11: Variation of γ = (CP/CV) against temperature and air-to-fuel ratio, for unburned fuel mixture Ceviz
and Kaymaz, (2005).

The low temperature benefits combustion efficiency because the dissociation reactions of CO2,
O2 and CO, that require high energy are less likely to occur Heywood, (1988). Therefore a
higher percentage of the heat released from the fuel will produce useful work.
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The main difficulty when performing lean combustion is to maintain good combustion
stability particularly for AFR’s above 20. Increasing the AFR leads to a reduction in the flame
propagation speed so the early burn period and the main combustion stage become longer,
possibly resulting in incomplete combustion.

Several factors contribute to cycle to cycle variations and combustion instabilities in spark
ignition engines. These include residual gas mixing, fluctuations in fuel concentration at the
spark plug gap, random spatial and time dependant fluctuations in the mean flow and random
heat transfer to the spark plug electrodes. These variations decrease engine efficiency,
particularly under lean conditions. Stone, (1999) concluded that up to 10% of fuel could be
saved if cycle to cycle fluctuations could be eliminated. For example, the cycle to cycle
variations in the spark plug timing can illustrate this effect; if the spark is advanced it leads to
a fast burning cycle, if it is retarded it generates a slow burning cycle. The fuel injectors can
also cause problems at very low loads and idle due to a very short opening time. The fuel
injection rate may not be constant and irregularities in the delivered fuel mass might occur.

The cause of combustion instability is initiated in the early stages of combustion particularly
for lean mixtures. Researchers agree that AFR inhomogeneities at the spark plug are the major
contributor for high CoV in GIMEP Heywood, (1988, Meyer et al., (1997, Stone, (1999, Zhao
et al., (1997). Aleiferis et al., (2004) reported a strong correlation between IMEP and the crank
angle corresponding to 5% of mass fraction burned under low load and lean burn conditions.
Berckmüller et al., (1997), using a strong tumble ratio of 2.1 noted the main flame often
propagating towards lean areas, and concluded that the main flame propagation was controlled
by the bulk air motion. They also noted that the CoV in GIEMP did not correlate with residual
concentration at high loads, but it had an inverse correlation at low loads.

Temperature gradients are important also for the early stages of combustion because they
affect the laminar flame propagation speed. Local temperature is dependent upon fuel
concentration (and possibly charge air cooling with open valve injection), by hot residuals and
fresh charge mix (dilution effect) and by heat transfer to the walls.
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One solution is to counteract the slower flame propagation by advancing the angle of spark
ignition. This increases the period for flame development, however very early ignition occurs
in a less homogeneous mixture (possibly outside the flammability limits) and ignition
repeatability is lower leading to cycle to cycle instabilities. In addition, the speed of flame
propagation can be increased by promoting turbulence. Researchers acknowledge turbulence
as one of the main factors to achieve lean stable combustion. However, as previously
mentioned, very high levels of turbulence combined with very lean mixtures can cause bulk
flame quenching.
Since the local AFR is one of the most important parameters in early flame development and
the combustion instability is generated mostly in the early stages of combustion, stratification
of the AFR seems to be a potential solution to improve stability under lean conditions.

2.4.1 Charge Stratification

Charge Stratification is an effective method to increase combustion stability when burning
globally lean mixtures e. g. Li et al., (2006) and it has been shown to effectively extend the
lean combustion limits Alkidas, (2007). Stratification occurs by producing a heterogeneous
charge inside the combustion chamber; ideally with a high fuel concentration area near the
spark plug and the rest of the chamber with a lean mixture.

The local AFR in the spark plug area just before ignition is regarded as a main factor for
ignition stability. Several experiments have shown the advantage of having the richer area
located near the spark plug, Deschamps and Baritaud, (1996), used laser induced fluorescence
measurements of fuel concentration in an optical 4 valve pentroof chamber, running at 1200
rpm. They concluded that a 7% richer zone in the region of the spark plug can represent up to
a 25% difference in the cycle peak pressure. A higher fuel concentration at the spark plug gap
enabled stable ignition even for globally lean mixtures.
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As mentioned in section 2.2.3, it is possible to produce a high degree of charge stratification
with a DI system. In a PFI configuration the degree of stratification achievable is often lower.
After intake valve closure it is no longer possible to affect the charge motion inside the
cylinder; nor is it possible to alter the AFR by performing a second injection. Some of the
strategies to produce stratification in PFI engines were reviewed.

In a comprehensive review of PFI technology by Zhao and Lai, (1995), it was reported that
axially-stratified mixtures can be achieved by careful control of the fuel injection timing and
optimizing the fuel injection direction. Berckmüller et al., (1997) using laser induced
fluorescence measurements, observed an average of up to 4.3% richer fuel stratification in a
plane 0.7 mm under the spark plug using open valve injection. However it should be noted that
radial stratification can decrease burning rates in comparison to homogeneous charge
operation. These results are often highly dependent upon the chamber geometry.

A strong tumble motion in the cylinder has been shown to promote and sustain fuel
stratification up to the final stages of the compression stroke (e.g. Li et al., (2006) Jackson et
al., (1996)). Tumble and Swirl flows greatly influence the degree of stratification achieved.
However improving stratification by stronger air motion can lead to increased heat losses and
reduced volumetric efficiency.

Stratification can be achieved by asymmetric port fuel injection. Thirouard et al., (2005), using
a four valve pentroof chamber with quartz windows, stratified the in-cylinder mixture by
injecting solely in one intake duct. They recorded, using laser induced fluorescence, an AFR
25% richer than average on the injector side and a region 25% leaner than average on the other
side. Similar results were achieved by Deschamps and Baritaud, (1996) where a 20% air fuel
mixture stratification was reached by injecting fuel in one duct only, and inducting
recirculating exhaust gas through the other valve.

Stratification between the fresh charge and recirculated exhaust gas can improve combustion
stability and increase the exhaust gas recirculation (EGR) tolerance level. Meyer et al., (1997)
used one of the intake valves to induce only exhaust gas and achieved stable combustion with
a maximum of 40% EGR while reducing fuel consumption by 6.6% and decreasing NOx
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production by 91%. Similar findings were reported by Deschamps and Baritaud, (1996). They
found, using planar laser induced fluorescence of biacetyl, a 21% stratification in exhaust gas
and fresh mixture by recycling exhaust gas only through one duct.

Thermal stratification is usually present in the combustion chamber due to different surface
temperatures and to unmixed areas of fresh charge and exhaust residuals. These areas are also
generated by the evaporation of liquid fuel in the port and combustion chamber (charge
cooling effects). Active thermal stratification can be achieved by separately controlling the
intake temperatures within each port. Kakuho et al., (2006) used intake heating to control
auto-ignition, when performing homogeneous charge compression ignition studies. The
advantage of thermal stratification in spark ignition engines with premixed, propagating
flames, is the possibility to increase resistance to auto-ignition.
Li et al., (2006) effectively increased knock resistance by promoting stratification between two
different air fuel mixtures (fuels with different RON number) and using two spark plugs to
ignite first the region with the low octane number fuel and later the area with the higher octane
number fuel. Lean combustion at low loads was also significantly improved by the dual fuel
strategy combined with increased tumble generated using shrouded valves.

2.4.2 Exhaust gas Emissions in Gasoline engines

Emissions are a major concern in engine development with legislation imposing limits for new
vehicles. Much effort is put into decreasing emissions without compromising engine
performance and efficiency. To fully understand how the exhaust gas components are formed
requires in-depth chemistry knowledge. However, here it is important to understand the basic
formation mechanisms of the main pollutants such as carbon monoxide (CO), unburned
hydrocarbons (ubHC) and nitrogen oxides (NOx), and how they vary with combustion
parameters such as air-to-fuel ratio.
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In the complete stoichiometric combustion of hydrocarbons all the molecules of fuel are
oxidised by the available air and the products of combustion are CO2, N2 and H2O. The
generalised chemical equation for complete combustion is given by Equation 2.7.

Y
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C X H Y +  X + O2 + 3.76 X +  N 2 → ( X )CO2 +   H 2 O + 3.76 X +  N 2
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Equation 2.7: General chemical equation describing complete oxidation of hydrocarbons with air.

Where X and Y are the number of carbon and hydrogen atoms respectively in a molecule of
fuel. In practice it is impossible to completely oxidise all of the fuel due to incomplete mixing,
flame quenching near the walls, crevice areas, time constrains (temperature decreases due to
expansion) and fuel absorption by the oil. These factors mean the exhaust gas will additionally
contain, ubHC, CO (resulting from incomplete oxidation or dissociation of CO2) and NOx.
In PFI SI engines, the AFR is required to be stoichiometric for efficient operation of a threeway catalytic converter. This type of catalyst promotes the oxidation of ubHC(1) and CO(2) and
the reduction of NOx(3). If the mixture is rich (i.e. excess fuel) the oxygen concentration is
reduced compromising the oxidation of ubHC and CO. When the mixture is lean (i.e. excess
air) the reduction of NOx becomes inefficient due to the lack of carbon atoms. This fact is
often a limiting factor for the development of lean combustion. However, lean catalytic
converters do exist; the Selective Catalyst Reduction system and the lean NOx trap are two
examples. The engine out (pre-catalyst) emissions variation with air-to-fuel ratio is shown in
Figure 12. The dark band marks the range of AFR that must be used for the 3-way catalyst to
work efficiently.
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Figure 12: Pre-Catalyst emissions variation with Air-to-fuel ratio, the dark region marks the AFR working
range required for the catalyst to work efficiently, BOSCH, (2000)

The emission of unburned hydrocarbons varies with air-to-fuel ratio as shown in Figure 12.
On the rich side (AFR<14:1) emissions of ubHC are high due to the lack of O2 required to
oxidize the fuel. On the lean side (AFR>14:1) there is a reduction in ubHC emissions, and due
to the availability of O2, the break specific fuel consumption (BSFC) is improved. However,
after a certain level of excess air the ubHC emissions begin to increase. The point where the
increase begins depends on several parameters. Combustion becomes unstable due to slow
flame propagation, low combustion temperatures and ignition difficulties. If the temperature
increase due to combustion does not compensate for the temperature decrease due to
expansion, the flame is quenched and combustion is incomplete, the overall efficiency
decreases and the BSFC increases. As shown on Figure 12, the increase of ubHC on the lean
side at AFR ≈ 18 is a good indicator of the beginning of incomplete combustion. Unburnt
hydrocarbons can also be the result of poor mixing or wall wetting. Meyer and Heywood,
(1999) reported that for OVI, increasing piston and cylinder wall wetting increased the
emission of ubHC.
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Emissions of CO are relatively high for rich combustion, as shown in Figure 12, due to
incomplete fuel oxidation and due to CO2 dissociation. The level of CO decreases
considerably with lean mixtures but even for high excess air levels there are still some CO
molecules present in the exhaust, as result of CO2 dissociation.
N2 is the most abundant component in air. This gas is affected during combustion particularly
when the combustion temperatures are high (typically higher than 1800K). N2 reacts with O2
to form NOx (NO and NO2). Its formation requires a suitable concentration of O2 and N2
(always present), high temperatures and an adequate time period. The dissociation of O2 and
N2 leads to NOx production which is generally described by three main reactions, Equation 2.8
(referred to as the extended Zeldovich mechanism):
N2 + O ⇔ NO + N
N + O2 ⇔ NO + O
N + OH ⇔ NO + H

Equation 2.8

The simplified equations for the formation NO2 are described by Equation 2.9.

NO + HO2 → NO2 + OH
NO2 + O → NO + O2

Equation 2.9

Lean combustion can reduce NOx formation. However, for air-to-fuel ratios up to 16:1, NOx
production increases, as shown in Figure 12. Up to this moderate level of excess air, there in
so significant decrease in combustion temperatures, which in combination with the availability
of O2 boosts NOx production. For AFR’s higher than 16:1, the NOx level starts to decrease.
The availability of O2 is offset by lower combustion temperatures. According to Berckmüller
et al., (1997) noted that the full advantage of the NOx reduction in lean combustion can be
achieved with AFR’s of 20:1 and above. However at this level the ubHC emissions were
higher.
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A simple and effective method to reduce NOx production at stoichiometric conditions is to
retard the spark timing causing a reduction in peak pressure and temperature, but penalising
efficiency. This method is however not adequate for lean combustion since, as mentioned
before, it requires advanced ignition to compensate for the slower flame speed propagation.
Another method to lower combustion temperature and control NOx formation is to recirculate
the exhaust gas. The burnt gas acts to lower the combustion temperature by diluting the
mixture. It also reduces flame speed propagation and therefore it can increase combustion
instability, however when using stratification this effect can be offset. The benefits of
stratification with EGR are widely known. For example Meyer et al., (1997) achieved stable
combustion with a maximum of 40% EGR while reducing fuel consumption by 6.6% and
decreasing NOx production by 91%. Lumsden et al., (1997) found, using a naturally aspirated
4 cylinder with a shallow pentroof design, that on average 10% EGR represented a reduction
of 70% in NOx but a 24 % increase in ubHC. Deschamps and Baritaud, (1996) recorded
improvements in combustion stability by enhancing tumble, but an increase in NOx due to
higher combustion temperatures. However when enhanced tumble was combined with EGR,
the NOx emissions decreased, due to a dilution effect.
Fuel stratification alone can improve combustion stability whilst maintaining equivalent NOx
levels depending on the stratification area. Furuno et al., (1995) used a combustion chamber
with two silica windows and a disc shaped piston, with a soap bubble formation nozzle (to
create stratification) and a laser ignition system. They found, no increase in NOx production
for stratified areas of up to 15 mm diameter (1.6% of the total volume), in the spark plug
region, with a global AFR of 21:1.

Soot particle emissions are usually associated with compression ignition and diffusion flames.
However smaller soot particles are also emitted from PFI engines with pre-mixed flames.
These smaller particles, less than 50 nm in diameter can penetrate deep into the lungs causing
damage to the respiratory system Graskow et al., (1998). The new measurement techniques
now available allow the detection of smaller particles under 100 nm in size. The origin of soot
for PFI engines appears to be due to diffusion-like flames near the valve seats. Merola and
Vaglieco, (2008) applied natural emission spectroscopy and two-colour pyrometry to an
optically accessible single cylinder PFI engine with a four valve production head. They
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detected a high concentration of particles under 30 nm in the exhaust gas. Open valve injection
increased the production of soot particles due to the liquid fuel deposition near the valve and
consequent occurrence of a diffusion flame. They verified a reduction of particles with
ignition advance. It was also concluded that the 3-way catalyst reduces particle emission by
two orders of magnitude. Graskow et al., (1998) applied a catalytic stripper system (which
facilitates approximately real-time measurement of solid particulate matter by removing 100%
of the volatile components), to a port fuel injected, 4 cylinder, 16 valve engine. They
observed, for stoichiometric exhaust conditions, a baseline constant level of emissions and
random spikes composed of particles smaller than 30 nm in diameter. This was apparently due
to hydrocarbons released during the breakup of deposits in the combustion chamber. They
have also observed for 3 different speeds, that the number-weighted SMD increased almost
linearly with manifold absolute pressure. Similarly, the observed that the 3-way catalytic
converter removed up to 75% of the particulate at low loads, but had no effect at high load
conditions.
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2.4.3 Conclusion

Lean Combustion combined with stratification can significantly improve the thermal
efficiency of an SI engine. However lean combustion is still limited by combustion stability
and emission levels. Several factors influence the lean limits of combustion, the chamber
geometry, turbulence intensity, injection timing, spark discharge energy, charge stratification
and temperature. Lean burning engines are usually associated with pent-roof combustion
chambers because these are adequate to produce and sustain tumble, which is required to
increase turbulence levels and increase flame speed propagation.

Lean Combustion
Advantages

Disadvantages

Reduced pump losses

Lower burn rates (combustion instability)

Lower HC and NOx (AFR >16)

Lower power density

Higher Compression ratios

3 way catalyst inefficient

Higher combustion efficiency

Higher CoV of GIEMP
Table 5: Lean combustion summary

A combination of lean stratified combustion produced by asymmetrical port injection, with
moderate EGR levels and increased turbulence seems to be the most efficient way to reduce
emissions and increase engine efficiency. However the 3-way catalyst may not be the most
appropriate solution for this combination.
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2.5 HCCI Combustion

2.5.1 Introduction

Homogeneous Charge Compression Ignition (HCCI) is not a new combustion concept. The
first successful studies of HCCI combustion were performed in a 2 stroke engine, in the late
seventies by Onishi et al., (1979), essentially with the purpose of reducing HC emissions at
medium loads. Later, Najt and Foster, (1983) showed the first successful trial of HCCI in a 4
stroke engine. As the research around the concept increased, its potential in terms of efficiency
and ultra low NOx emissions became more evident. Due to the current pressure towards lower
emissions and higher fuel efficiency, the potential benefits of HCCI combustion are becoming
increasingly attractive. Although HCCI is the most commonly used name, this type of
combustion is often known by different names. Some of these are, CAI (Controlled Auto
Ignition), CIHC (Compression Ignited Homogeneous Charge), RAC (Radical Activated
Combustion), PCCI (Premix-Charge Compression Ignition), mostly used with Diesel like fuels
and ATAC (Active Thermo-Atmosphere Combustion). Some research teams make distinctions
according to the fuel type, others according to injection type, valve strategy, ignition support
etc. The only name used throughout this text is HCCI regardless of any parameters.

This combustion mode has features of both the SI and the Diesel engine. It works by
compressing a premixed lean homogeneous mixture (or highly diluted) to its auto-ignition
point. The AI process is controlled by the kinetics of the chemical reactions (without the
typical flame front propagation). In contrast, the SI and Diesel combustions are controlled by
mixing/transport processes (and also the chemical reactions) Ogink, (2004). This combustion
process is usually characterized by a fast heat release, with the whole charge igniting almost
simultaneously at multiple ignition spots. The use of very lean or highly diluted mixtures is
required to keep the heat release rate within acceptable limits, Koopmans et al., (2003a). The
peak pressures reached during HCCI combustion are considerably higher that the equivalent
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SI combustion. A comparison between the two modes is shown, in the pressure-volume plot,
for equivalent speed and load, in Figure 13.

Figure 13: Peak pressure comparison between HCCI and SI combustion from Li et al., (2001)

2.5.1.1 Advantages
The main benefits commonly associated with this type of combustion are the increased
thermal efficiency and low NOx emissions. HCCI can combine the advantages of both the
Diesel and the SI combustion. Efficiency increases due to the faster heat release occurring
close to top dead centre. This approximates the ideal Otto cycle, where the heat release occurs
at constant volume. HCCI is normally performed at wide open throttle conditions, reducing
the pumping losses. There is some evidence of less cycle to cycle variations Stuart Daw et al.,
(2007). Additionally it can be applied to a 2 stroke or a 4 stroke engine.

Cairns and Blaxill, (2005b) reported up to 45% of the energy contained in the fuel can be used
in comparison with the approximate 25%, of a typical SI engine. This benefit is mostly due to
an increase in combustion efficiency due to the reduction in heat losses and to a reduction in
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pumping losses. The fuel consumption can be reduced by 20% in a four cylinder engine, or
even by 30%, Li et al., (2001).

The absence of flame propagation (some flame propagation may occur under certain
conditions) combined with the lean charge and/or high levels of dilution can be used to keep
the combustion temperature below the NOx formation threshold. Sjoberg and Dec, (2006),
reported a cut in emissions by more than 90% which is according to several authors the main
advantage over Diesel like combustion. The losses due to gas dissociation can also be
considerably reduced Yang et al., (2002).

The use of very lean mixtures or diluted mixtures allows for an increase in the compression
ratio (CR). Olsson et al., (2004) used a CR of 18:1 combined with boosted intake pressure to
perform HCCI combustion of ethanol mixed with n-heptane. Showing also that this type of
combustion can be adapted to several types of fuels like gasoline, Diesel, methanol, ethanol
and natural gas, Yang et al., (2002)

2.5.1.2 Limitations
Despite its potential, HCCI combustion still presents some challenges. The main difficulty to
overcome is to efficiently achieve AI whilst keeping the heat release rate within acceptable
limits. In fact if too rapid, the heat release will create very high in-cylinder pressures, causing
knock which leads to noise, vibration and engine damage. However if the heat release is too
slow, partial burn and even misfires will occur leading to high levels of unburned HC
emissions. Li et al., (2001), using a (1.7l) PFI engine, with 4 cylinders and a VVT system to
perform recompression, verified that under HCCI conditions the pre-catalyst emissions of HC
increased between 50 to 160% due to misfires.

One of the inherent advantages (to burn very lean or diluted mixtures) can also represent a
drawback which is low power per displaced volume Kalian et al., (2005). Most of the research
published thus far, shows that the HCCI combustion mode still has a relatively limited range
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both in terms of speed and load. To the author’s knowledge there is currently no engine
capable of performing the entire New European Driving Cycle (NEDC) with HCCI
combustion. Start-up, idle and high loads are the main issues. Misfire usually occurs at low
loads and knock is quite common at high load. However, Yun et al., (2009) have already
achieved HCCI combustion at idle with a speed of 800 rpm and 0.85 bar net indicated mean
effective pressure. To achieve these results they used 90 RON gasoline, direct injection, a CR
of 12:1, a fully VVT to perform negative valve overlap (NVO), a specially designed piston
and a multiple ignition coil. Weall and Collings, (2009) have reached a slightly higher load of
1 bar brake mean effective pressure at 900 rpm. To reach it they used a Diesel, turbocharged,
common rail engine with 2.0L, 4 cyl. and CR of 14.4:1 using standard production valve timing
and standard gasoline, but running higher than ambient intake temperatures.

The maximum BMEP values for normally aspirated SI are between 8.5 to 10.5 bar and 12.5 to
17 bar for turbocharged engines Heywood, (1988). Consequently if HCCI is to be
commercially implemented, apart from stationary applications, further advances are required
to allow the expansion of the operating limits. Sjoberg et al., (2005) using a high CR and
boosted intake pressures, reached indicated mean effective pressures in excess of 16 bar. This
IMEP level is higher than that required for the NEDC. However it was reached with very high
in cylinder peak pressures. According to Milovanovic et al., (2005) the shortest route to
commercial implementation of HCCI combustion, even with the current limitations, is to use a
hybrid operating mode where switching between HCCI and SI combustion modes is possible.
HCCI would run during low to medium loads and SI, during the warm-up period, idling and
high loads. The advances and implications of this hybrid mode are addressed in section 2.5.6.
Press releases from 2009 presented by Mercedes, GM, Caterpillar, Honda and VW say that
such a system is only a couple of years away from production.
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2.5.1.3 Load Control
The spark ignition engine and the compression ignition engine have well defined modes of
combustion control, i.e. ignition timing and rate of heat releases. Throttle and spark timing for
the first case and fuel injection (timing, duration and number of injections) for the second. In
HCCI combustion, controlling ignition and heat release, is still a challenging task.
Nevertheless, some means of control is required to ensure the correct heat release phasing
under different operating conditions. Generally early ignition will lead to higher IMEP and
high peak pressures and later ignition leads to lower IMEP and lower in cylinder pressures.
The combustion performance is mostly dependent upon charge temperature and composition
Matthews et al., (2005). There are some possible methods for load control; parameters such as
valve timing, intake heating, injection strategy, boost pressure have been used for load control.
Boost pressure adjustments and fuelling rate strategies were reported by Yap et al., (2005a).
Temperature stratification, through intake air heating was effectively used by Kakuho et al.,
(2006) to control combustion phasing and load. Direct injection engines allow load and
combustion phasing control by using multiple injections. Combustion phasing is also strongly
dependent upon AFR. In fact, regardless of the load control method, very lean mixtures or
high levels of dilution must be used to smoother heat release rates.

This review is focused on homogeneous charge compression ignition of gasoline. The aim is
to give an overview of the important developments recently made in HCCI combustion.
Current investigations are mostly focused on ignition control and the extension of the
operating range.
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2.5.2 Compression Ratio

The auto-ignition of an air fuel mixture depends essentially upon temperature, pressure and
fuel concentration. Due to the importance of chemical kinetics in HCCI, this type of
combustion is particularly sensitive to temperature and pressure changes see Kakuho et al.,
(2006), Koopmans et al., (2003b) and Wang et al., (2005). Controlling the compression
temperature is a key parameter in HCCI combustion. For each air fuel mixture composition,
there is a minimum temperature at which AI occurs. Iso-octane mixtures typically auto-ignite
between 950 K and 1100 K depending on pressure and fuel concentration Risberg, (2006).
Without any direct means of ignition control, like a spark discharge or a start of fuel injection,
combustion phasing becomes a challenge in HCCI combustion. In fact, after intake valve
closing there are only two active ways of influencing ignition. One is with fuel injection (only
possibly with DI) the other is an energy discharge through the spark plug. Ideally, AI could be
controlled by increasing the compression ratio, adjusting it for AI to occur by the end of the
compression stroke. This possibility is analysed in the next section.

2.5.2.1 High Compression Ratio
In the study by Urushihara et al., (2005), using a compression ratio greater than 16:1was the
simplest method to achieve auto-ignition. Raising the compression ratio can increase the
charge temperature enough to allow the combustion of ultra lean mixtures with air to fuel
ratios as high as 50:1. These lean mixtures decrease the NOx formation due to very low
combustion temperatures. Increasing the CR also improves thermal efficiency. Urushihara et
al., (2005) showed the effect of raising the CR in the HCCI operational range. For a CR of
18:1 HCCI combustion could be achieved without inlet charge heating. In comparison, a CR
of 12:1 required intake heating up to 500K in order to achieve similar HCCI conditions.
However increasing the CR also has certain drawbacks, for example the mechanical efficiency
is reduced due to higher levels of friction.
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The current status of HCCI technology is not yet sufficient to run HCCI combustion during
the NEDC cycle. Therefore it may not be the right path for a gasoline HCCI engine to use high
compression ratios since it would not allow a mode change to SI combustion. However, high
CR is not an option to be disregarded, since it is expected that further developments in HCCI
combustion will gradually eliminate the need for the SI mode. For example, Yap et al.,
(2005a) used a CR of 18:1 combined with boost pressure to successfully increase the
maximum IMEP produced with HCCI combustion with acceptable heat release rates and low
NOx emissions. The use of high CR’s might be adequate for engines working in stationary
conditions such as generators. It is certainly well suited for Diesel engines where a hybrid
mode could be used. The high loads would be performed in Diesel mode and the low loads in
HCCI. This is however beyond scope of this review.

2.5.2.2 Variable Compression Ratio
A Variable Compression Ratio (VCR) engine is one solution for HCCI combustion. A high
CR could be employed for the HCCI mode and a reduced CR for SI combustion. A production
ready VCR engine is regarded as a very important milestone in engine development. It is
currently being pursued by several researchers. Some of the OEM’s such as, Caterpillar, Saab
Hyvönen et al., (2005) and Mercedes amongst others, are currently testing prototypes. In fact,
the conventional SI combustion could also be significantly improved with VCR. It has been
investigated for some years but thus far this type of engine has not been commercially
available. It is important to mention that before production, such a system must show high
reliability and durability with a robust and precise control. Kakuho et al., (2006) and Hyvönen
et al., (2005) suggest that a VCR is the ideal answer to AI control, allowing a high degree of
control over the compression temperature, and consequently the combustion phasing.
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2.5.3 SI Compression Ratio

For now, it seems reasonable to assume that HCCI combustion of gasoline will be achieved
using lower CR’s (between 9 and 14). This means that AI of standard gasoline fuel has to be
assisted. The compression stroke alone is not enough to reach the required temperature.
According to Urushihara et al., (2005) even with a CR of 15 it is not possible to perform HCCI
without some form preheating of the intake charge. There are several techniques available to
increase the charge temperature. Another option is to include improvements in fuel
ignitability. Some of the available options to increase the intake charge temperature are
summarised in Table 6. These are addressed individually in the following pages.

External Recirculation
Residual Exhaust Gas

Internal Recirculation
Re-breath

Spark assisted HCCI
Stratification
Multiple fuel injections

Fuel reformation

Intake Heating
Supercharging
Boosting

Turbo Charging

Table 6: Options to potentially increasing the intake charge temperature

Some options are relatively easy to implement in current production engines. Boosting, spark
assistance and multiple injections, for example, are already common. Intake heating is also
possible but requires extra power (it is currently used in some Diesel engines to improve a
cold start). Guohong et al., (2006) have identified other techniques to achieve AI. Some are
more complex approaches like laser stimulation, heating plug, use of chemical active species,
ozone addition, dual fuelling, air-assisted injection, water injection etc. But most of these
methods are not likely to reach a production engine, in the near future and therefore these are
not considered in this review.
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2.5.3.1 Intake air heating:
Intake charge heating can be an effective way to achieve AI in HCCI combustion when using
low compression ratios. Urata et al., (2004) used 3 kW heaters to perform HCCI in an engine
with a CR of 11.5, reaching intake temperatures in excess of 300ºC. Urushihara et al., (2005)
concluded that if the intake temperature could independently varied, there would be no
limitation to the minimum IMEP achievable with HCCI combustion. Heating the intake
charge increases the chemical reaction rates (triggered low temperature reactions with primary
reference fuels (PRF), Bhave et al., (2005)) and the temperature at the end of compression
which facilitates auto-ignition by reducing ignition delay.

The high levels of energy required impose practical limitations to this technique. However as
proposed by Yang et al., (2002), some thermal energy can recovered from the coolant and the
exhaust gas to heat the intake air. The combination with other methods could also avoid high
temperature requirements external EGR, internal EGR and SI assistance.

Bhave et al., (2005) used intake heating combined with EEGR at 1500 rpm and using a PRF
(95% iso-octane and 5% n-heptane) and found a decrease in CO and HC emissions
particularly at low loads. It was also verified that by varying the intake temperature the autoignition timing could be controlled. Similar findings were reported by Kakuho et al., (2006).
They used intake heating to control combustion phasing, in an optical engine with PFI and a
CR of 8:1. The intake ports were heated independently which allowed thermal stratification to
be employed. It was found that stronger temperature gradients facilitate auto-ignition, with the
high temperature side igniting first. They concluded that thermal stratification was an effective
method to control HCCI combustion, however this method had a slow response time due to a
high thermal inertia. Urushihara et al., (2005), used a combination of DI and PFI with a CR of
15:1 to achieve HCCI with regular gasoline and used intake heating to achieve low loads.
A short summary of the merits of intake charge heating is presented in
.
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Intake Charge Heating
Advantages

Disadvantages

Wide range of engine operation especially in the low

Decreases the maximum IMEP achievable, due to

load range.

reduced air density

Improved low temperature chemistry, reduces ignition
delay. Possible to control combustion phasing.

Increased heat losses especially at low speeds

HCCI achievable with low CR
Very efficient fuel vaporization especially with port fuel

Poor cycle to cycle control, slow response method due

injection.

to thermal inertia

Reduces HC and CO emissions especially at low loads
Ignition spots occur more homogeneously distributed in

Requires power supply (large for big engines), possibly

the combustion chamber in comparison to NVO

not suitable for commercial vehicles.

Table 7: Intake charge heating, advantages and disadvantages for HCCI

If HCCI combustion is to become commercially available in a production vehicle it will
require some robustness to intake air temperature given the natural variation with geographical
location and seasons.
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2.5.3.2 Exhaust Gas Recirculation
The burnt exhaust gas contains energy which is generally wasted through the exhaust pipe,
unless partially recovered in a turbocharger. If managed correctly, part of the exhaust gas
energy can be used to benefit HCCI combustion. It can be used to increase the fresh charge
temperature thus promoting AI even at low compression ratios. The exhaust gas temperatures
can range from 600 to 1000K for an SI engine Heywood, (1988), varying with different engine
operating parameters such as, load, AFR and ignition timing. Recirculation of exhaust gas is
currently used in SI and Diesel engines, in percentages up 30% for the first case and up to
50% for the second. The main purpose of EGR is dilute combustion which reduces
combustion peak temperatures and consequently the NOx formation. In HCCI combustion,
dilution is particularly important to prevent very high heat release rates, which makes
technique particularly well suited.

There are different methods to use the exhaust gas in benefit of combustion. The exhaust gas
can be directed back into the intake port where it will be mixed with the fresh charge, this
method requires an EGR valve to control the percentage of recirculated gas. It can be trapped
directly inside the cylinder, with an early exhaust valve closing time. Or, it can be re-inducted
by late closing of the exhaust valve or re-opening of exhaust during intake. Each technique
implies a different valve actuation strategy. A combination of strategies can also be employed,
for instance Cairns and Blaxill, (2005a) increased the HCCI load range by combining internal
EGR with external EGR. These options are evaluated in the following sections.
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2.5.3.3 External EGR
The external exhaust gas recirculation (EEGR) is a well known technique. This is, according
to Heywood, (1988), the main technique used for the reduction of NOx emissions in SI
engines, due to a reduction in the combustion peak temperatures. A port fuel injection SI
engine can tolerate up to 25% EGR rate. It possible to increase this level using stratification
and fast burn combustion chambers designs. An EEGR system diverts part of the exhaust gas
flow into the intake manifold, where it is mixed with the fresh charge. The exhaust gas can
also be cooled before being redirected back to the intake manifold, which improves volumetric
efficiency Cairns and Blaxill, (2005a) combined cooled EEGR with internal EGR, in a DI
engine with a CR of 11.2:1, to extend the range of HCCI combustion particularly at low loads.
In a different experiment, using the same engine but adding boost pressure, Cairns and Blaxill,
(2005b) found that cooled external EGR can reduce CO and ubHC emissions. Wang et al.,
(2005) used EEGR combined with intake heating to control the load during HCCI operation in
a 2 valve DI engine with CR of 11:1. An overall view on the benefits and the drawback from
what was found in the literature is given in Table 8.

External EGR
Advantages

Disadvantages

Known technique, currently in use both in DI and PFI

Higher heat losses, it does not supply enough thermal

injection systems, does not require variable valve train.

energy for Auto-ignition.

Can extend the knock limit and improve the IMEP

It has a slow response time in comparison to other

range when combined with NVO.

methods of EGR (NVO and re-breath).

Cold EEGR can retard ignition and prolong combustion,
giving a certain degree of control in combustion
phasing.

Due to certain WOT conditions it requires a throttle
valve to control percentage of recycled exhaust.

Smoother transitions between HCCI and SI regime.
Under lean conditions, decreases CO and HC emissions.
If cooled can provide dilution with less losses in charge
density.
Table 8: External exhaust gas recirculation, advantages and disadvantages for HCCI combustion
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2.5.3.4 Internal EGR
Internal Exhaust Gas Recirculation is a practical approach and particularly well suited for
HCCI combustion. It takes advantage of the residual gas temperature to heat up the intake
charge, making AI possible even with low compression ratios whilst providing the required
dilution for smoothing the heat release rate and preventing knock. It can be performed by
closing the exhaust valve early retaining part of the burned gas inside the cylinder,
consequently, the intake valve should be opened later otherwise backflow might occur. The
last part of the exhaust stroke is done with all valves closed, recompressing the trapped burnt
gas. The fresh charge is then mixed with the residual gas inside the combustion chamber
during admission, unlike the EEGR where it occurs outside the cylinder.

To control the NVO effectively, it is important to have variable valve actuation or ideally a
fully variable valve train that would allow an even wider range of control (changes between SI
and HCCI and adjustments within each mode). The percentage of trapped residuals can be
varied by adjusting the exhaust valve closing time, in turn the intake valve time must be
adjusted accordingly. According to Kalian et al., (2005), for each exhaust valve closing (EVC)
time there is an interval for opening the intake valve (IVO) where the trapped gas percentage
and IMEP remain approximately constant. But outside this period for IVO there is knock in
one end and misfire in the other. The use of NVO must be managed carefully, at low loads, a
higher percentage of residuals is useful to increase the compression temperature but at on the
other hand it is also increasing the dilution effect which makes ignition more difficult, so these
two opposite effects have to be balanced, Santoso et al., (2005a). At high loads decreasing the
residuals fraction improves ignitability due to less dilution but it increases the heat release
rate, again these two effects have to be balanced. According to Persson et al., (2004) varying
the amount of trapped residuals, is a possible way to control combustion phasing and
consequently the load. Bunting, (2006) verified that, a relatively small variation in trapped
residual gas percentage can have a significant effect upon combustion intensity and phasing.
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The amount of trapped residuals depends on the temperature, and pressure at exhaust valve
closing. The pumping losses increase due to heat losses during recompression, not all the
energy is recovered during re-expansion, this problem becomes even more significant at light
load. Santoso et al., (2005a) verified a negative pumping loss of 0.4 bar due to recompression
alone when producing 3.0 bar GIMEP at 1500 rpm.

When performing NVO the valves are opened less time has shown in Figure 14 and
consequently the volumetric efficiency is lower. This is not so important for low loads but
becomes a problem at higher loads which cannot be achieved with only with a NVO strategy.

Figure 14: Valve timing comparison between SI and HCCI (dashed) with NVO, Standing et al., (2005)

The combination of direct injection with NVO enables the possibility of fuel reformation. It
consists of injecting a small amount of fuel during NVO. Depending on the recompression
level and injected fuel amount, heat release can occur. But even without heat release, the high
exhaust gas temperature partially oxidises the fuel generating intermediate species which can
improve ignitability. The potential of this solution is further explored in section 2.5.3.7, given
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that it is particularly well suited to engines with direct injection. A summary of advantages and
disadvantages of NVO is provided in Table 9.

Negative Valve Overlap
Advantages
AI achievable with low CR

Disadvantages
Increases pump losses

Combined with DI allows fuel reformation during
recompression
NVO allows a high degree of EGR up 70%

Reduces sensitivity to ambient conditions, especially
intake temp

The low valve lift increases flow friction with high
loads and speeds
The trapped residual gas composition is highly
dependent upon the combustion quality of previous
cycle

The exhaust valve closing time is an effective way of

Reduced volumetric efficiency at higher speeds due to

controlling the load

less time for gas exchange.

While performing HCCI with NVO at stable operating
point changing fuels does not strongly affect
performance

Significant heat losses during recompression since
temperature can rise up to 1500K
Fixed NVO timing there will be an increase in the

Reduces or eliminates the need for intake heating

trapped amount of residuals as the speed increases, from
48% residuals trapped (1500rpm) to 65% (2500rpm),
ref.

Table 9: Negative valve overlap, advantages and disadvantages for HCCI combustion

2.5.3.5 Re-breath
Re-breath is an exhaust gas recirculation technique that relies on a different valve actuation
strategy. It consists in re-opening the exhaust valve during intake, or by closing the exhaust
valve very late (already during intake stroke). With both the intake and exhaust valves (or just
of one of the exhaust valves) open, the intake charge mixes inside the cylinder with the burnt
exhaust gas re-entering the chamber through the exhaust valve. For an efficient use of this
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method a variable valve train would be required, however it can also be done with an extra
lobe on the exhaust cam.
Thirouard et al., (2005) used laser induced fluorescence (LIF) in an optical DI engine (four
valve pent-roof) with a CR of 11.4:1, running at 1200 rpm and 4.8 bar IMEP, reported that this
technique produced more homogeneous mixtures. Faster heat release rates and shorter ignition
delays were recorded in comparison to NVO. Conversely Shen et al., (2006) recorded higher
levels of CO and HC emission in comparison to NVO, concluding that was a result of mixture
heterogeneities introduced by re-breath. The experiment was done in a DI engine equipped
with a VVT system (2 intake valves and 1 exhaust) a CR of 11.3:1, and using Indolene as fuel.
Urata et al., (2004), using a CR 15:1 and running at 1000 and 4 bar IMEP, could not achieve
auto-ignition using this technique alone. A short summary on this method is shown in Table
10.

Re-Breath
Advantages

Disadvantages

High levels of exhaust can gas can be trapped.

Requires a more complex valve train.

Improved volumetric efficiency

Higher level of HC and CO emissions.

Higher mixture homogeneity

May not have enough thermal energy for AI

Table 10: Re-breath, advantages and disadvantages for HCCI combustion
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NVO vs Re-Breath

The main difference between the two strategies is the charge temperature reached during the
compression stroke. With the NVO method the temperatures are higher due to recompression,
heat release might occur if more fuel is injected (DI only) or if incomplete combustion
occurred during the previous cycle. Thirouard et al., (2005) compared the NVO and the rebreath methods. It was concluded that re-breath creates a more homogeneous mixture resulting
in faster and more violent combustion; also no late burn was identified with combustion
ending rapidly. It was concluded that NVO allowed lower IMEP’s to be achieved, but rebreath was more suitable for intermediate loads. Urata et al., (2004) found that the intake
temperature required to achieve HCCI with NVO was lower (40°C) than with Re-breath
(180°C) for a CR of 15:1 at 1000 rpm and 4 bar IMEP. Due to the higher level of residuals it
was possible to trap with NVO.
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2.5.3.6 Spark assisted HCCI
Successful ignition by electrical discharge of very lean or highly diluted mixtures is dependent
on the capacity for a flame to develop. HCCI charge is generally very lean and so too highly
diluted to allow flame propagation however spark assistance can be effectively used with
direct injection and stratification. In PFI engines it may not be possible promote the onset of
auto-ignition under very lean or diluted conditions. In a review by Bunting, (2006) it is
mentioned that, in PFI engines with lambda greater that 2.8 and ignition angles over 25 CAD
BTDC spark assistance does not work.

Urushihara et al., (2005) combined DI and PFI and used spark assistance to initiate flame
propagation in a small stratified region created by a late injection during compression. The
small flame front generates enough heat to auto-ignite the rest of chamber containing a highly
lean mixture generated during intake with PFI. The engine operated with gasoline RON 91
and a CR of 15:1. Wang et al., (2005) using an optical engine with DI and external EGR,
employed spark assistance to initiate HCCI combustion, however no flame propagation was
visualised. These researchers concluded that the spark discharge generated local auto-ignition
and the small amount of heat released was enough to trigger ignition throughout the rest of the
chamber. They also found that emissions where considerably reduced at the HCCI combustion
limit and the misfires reduced. It was also noticed that the spark timing could be used to phase
combustion however when intake heating was also used no spark effects were noticed. Kalian
et al., (2005) noticed that by advancing the spark timing start of combustion was advanced.
The ISFC could be reduced due to the better combustion phasing. Spark assistance also
increased the achievable IMEP, however the NOx emissions increased. These results were
obtained with gasoline (RON 95) direct injected at 100 bar, using a VVT system and with a
CR of 11.5:1. Bunting, (2006) used a PFI single cylinder engine with a CR of 11.3:1 and a
VVT system, to perform spark assisted HCCI with NVO. Similarly the spark assistance was
found to be useful under various operating conditions, engine starting, transition SI-HCCI, to
extend the HCCI operating range and to stabilize HCCI combustion. Yun et al., (2009) used
spark assistance in a stratified spray guided DI with a fully variable valve train (performing
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NVO), to extend the HCCI low range to idling conditions (800 rpm and 0.85 bar net mean
effective pressure). He implemented multiple ignitions per cycle combined with multiple fuel
injections. Injection occurred during recompression, followed by two spark discharges to
increase fuel reformation. During compression two spark discharges were also applied. They
concluded that HCCI combustion at idling conditions required initial strong flame propagation
to release sufficient heat for auto-ignition. But it was noticed that a higher levels of flame
propagation lead to increased NOx emissions. Urushihara et al., (2005) and Bunting, (2006)
both observed that the use of spark assistance under such lean conditions often increased the
overall combustion variability. Sjoberg and Dec, (2006) however found that cyclic variability
remained similar to HCCI without spark assistance.

Spark assistance will be required for the SI-HCCI-SI transitions. Stuart Daw et al., (2007)
used a PFI single cylinder engine with a CR of 11.3:1 and fully VVT, running at 1600 rpm and
3.4 bar IMEP. They found that the initial region of HCCI, right after switching form SI,
required the spark to keep the CoV of IMEP and NOx emissions low. The transition modes are
further explored in section 2.5.6.

In can be concluded that there is an intermediate mode of combustion, between true HCCI and
standard spark ignition, where flame propagation occurs but also fast heat release typical of
auto-ignition. This intermediate combustion stage exhibits low NOx emissions and has
acceptable combustion stability, but it cannot be achieved without spark augmentation. It
appears that this process works by initiating a weak flame front at the source of ignition which
helps raise the overall pressure of the combustion chamber sufficient for auto-ignition. The
spark timing also gives some control over the start of combustion and it can be used to control
combustion phasing.
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Spark assisted HCCI combustion
Advantages

Disadvantages

Spark can stabilize HCCI working boundaries, and

Decrease in combustion stability for higher speeds due

extend the HCCI range of operation.

to dispersion of stratified area.

Reduces the temperature requirements during

NOx emissions tend to increase when flame propagation

compression.

occurs.

Can prevent misfires.

Possibility of misfires without intake heating.

Reduces sensitivity to ambient conditions.
Lower loads can be reached, the flame front supplies
additional energy for HCCI initiation.
Table 11: Spark assistance for HCCI combustion, advantages and disadvantages

2.5.3.7 Direct injection
To achieve HCCI combustion DI systems show considerable advantages over PFI systems.
They have a higher flexibility in terms of AFR and stratification control. Multiple fuel
injections per cycle have been shown to be an effective way of combustion control, Weall and
Collings, (2009), Shen et al., (2006), Yun et al., (2009), Wang et al., (2005). Standing et al.,
(2005) showed that combustion phasing and noise could be controlled by injection timing and
exhaust valve closure, in a DI engine with CR of 11.5:1 and NVO strategy. Similar
conclusions were obtained by Guohong et al., (2006), using a DI at 50 bar and a CR of 13:1
and stoichiometric AFR. With split injection they found that combustion timing can be
controlled by the timing or the percentage or the pre-injection. A considerable advantage of DI
is the combination with NVO strategy. The fuel can be injected during recompression where
temperatures of 800K and higher can be reached. These high temperatures promote chemical
reactions of fuel where highly reactive molecules are formed. During compression these
molecules will reduce the ignition delay improving auto-ignition and the main ignition. This
process is often called fuel reformation. Depending on the oxygen percentage in the trapped
exhaust and the amount of injected fuel, partial heat release might occur during
recompression. This injection method requires sensible control, since heat losses and pumping
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losses can be significantly altered. Urushihara et al., (2003) concludes there is an optimum
injection quantity during NVO depending on the load.

Multiple injections are considered a promising way to expand the engine operating range in
HCCI mode. Some of the common injection timings are shown on Figure 15.

Figure 15: Pressure trace for NVO in a DI engine with injection timings, Urushihara et al., (2003).

The IR injection is used for fuel reformation during NVO. The IH is the injection occurring
during intake generating an homogeneous charge and finally IS is the injection during
compression to generate fuel stratification. Urushihara et al., (2003) used a single cylinder
engine with a fully VVT and concluded that splitting injections produces higher combustion
efficiency. Injection during NVO was found to extend the lean limit, however the required
injection quantity varies with engine load. Similarly, Yun et al., (2009) successfully extended
the HCCI operation range to idle, using a combination of multiple direct injections and
multiple ignition discharges (including during the NVO phase). They used a 2.2 L 4 cylinder
engine with a fully VVT and a CR of 12:1, to record a 25% improvement in fuel consumption
at 800rpm and 0.85 bar BMEP in comparison to standard SI combustion. They concluded that
the amount of fuel reformation played an important role in controlling NOx emissions. The
third injection, during compression was used to effectively control combustion phasing.
According to Wang et al., (2005) even a two stage injection (1st during intake stroke, and 2nd
during compression stroke) with spark assistance but without the need to do NVO, allows
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control over ignition timing and burn rate and can effectively used to expand the HCCI
regime. They used a two cylinder engine with and CR of 11:1 and direct injection. This study
also concluded that the injection during the compression stroke could effectively be used to
control combustion phasing.

Injection pressure is other parameter that should be considered when evaluating combustion.
Shen et al., (2006) recorded a reduction in CoV of IMEP from 9% to 3% by increasing
injection pressure from 20 bar to 60 bar. Using a DI engine at 2000 rpm and 3 bar IMEP using
a NVO strategy.

A short summary of some of the advantages and disadvantages of HCCI combustion is shown
in Table 12.

Intake Charge Heating
Advantages
Small injection during compression can effectively
control the combustion phasing.

Disadvantages
Highly stratified areas may increase NOx levels.

HCCI possible for fuel with high octane number

Less suitable for fuels with low sensitivity to AFR

Fuel reformation improves ignition even for low CR

Late injections lead to increase in CO and HC

Reduces the duration of the NVO phase with benefits in

Can increase pumping losses and heat losses if injection

terms of heat and pump losses

timing is not carefully selected

NVO injection allows combustion phasing control

High degree of injection tuning is required.

Can expand the lean limits of HCCI with low NOx
Good homogeneity when fuel is injected during NVO
CoV in IMEP reduction compared to other HCCI modes
Table 12: HCCI combustion with Direct injection, advantages and disadvantages
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2.5.4 Boosted HCCI

The introduction of forced induction is, according to several researchers, e.g. Cairns and
Blaxill, (2005b), Yap et al., (2005a), Urata et al., (2004) and Gharahbaghi et al., (2006), a
viable means of expanding the operating limits of HCCI combustion beyond medium loads
without any significant increase in NOx. Compression of the intake charge is achieved by a
turbocharger, a supercharger or to a certain extent through pressure wave tuning. These
solutions are already commonly used both in PFI and DI engines. Increasing the charge
density can be an efficient way to raise the effective compression ratio, leading to higher
compression temperatures and facilitating AI. The higher air density also allows for an
increase in IMEP while maintaining very lean levels of AFR. Yap et al., (2005a) for example
used a standalone compressor to supply boost pressure to a PFI engine with a CR of 10.4:1. A
combination of internal residual gas trapping and boost pressures of up to 1.4 bar, allowed
them to push HCCI combustion to 7.5 bar IMEP load at 1500rpm. However in-cylinder
pressures in excess of 80 bar were reached. NOx emissions were kept low by adjusting intake
valve timing. In a subsequent study, Yap et al., (2005b) also found that the load could be
effectively controlled by the level of boost pressure and richness (λ). For a fixed boost
pressure of 0.4 bar, a change in λ from 1.23 to 1.44 allowed the combustion phasing to be
retarded by 10 CAD due to the lower loads and lower exhaust gas temperatures which reduced
compression temperatures. In reverse, for a constant boost pressure, a decrease in λ increased
the load produced and so the residuals gases were hotter increasing compression temperatures
and advancing ignition.

Urata et al., (2004) applied externally generated boost pressures in a 4 cylinder 1.6l engine. It
employed a VVT system, PFI and a CR of 15:1. Supplying up to 1.7bar boost pressure in
combination with NVO achieved loads of 6.5bar IMEP whilst keeping low levels of NOx. In
comparison to SI combustion, fuel consumption improved from 14% to 22%. However this
result excluded the work required for generating the intake pressure and the VVT actuation.
Boost pressure could have been provided with a supercharger powered by the crankshaft but it
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would have caused a deterioration in fuel consumption. They concluded that a small
turbocharger seemed the preferable choice for generating boost pressures.

Gharahbaghi et al., (2006), used a supercharger with an intercooler in a V6 DI engine with a
CR of 11.3:1 and fully VVT (for NVO). They found, for constant λ, and intake timings, that
auto-ignition could be kept close to TDC by advancing exhaust valve timing and reducing
boost pressure. However, to increase the load the exhaust valve timing had to be retarded and
the boost pressure increased. Keeping the NOx levels below 50ppm they found that
supercharged HCCI operation could reach 4 bar BMEP where a similar naturally aspirated
HCCI operation could only achieve 2.5 bar BMEP.

To perform the US drive cycle, Cairns and Blaxill, (2005b) combined naturally aspired HCCI
with cooled EGR or externally supplied boost air in a 2.0l, 4 cylinder, DI engine with a CR of
11.2:1. They found a reduction in HC and CO emissions and fuel consumption of 8%, while
maintaining very low levels of NOx, below 50 ppm. The maximum load achieved was
approximately 7 bar BMEP, however the absolute boost pressures reached 2.3 bar.

The studies by Cairns and Blaxill, (2005b) and Urata et al., (2004) concluded that the best
solution to generate boost pressure would be a relatively small turbocharger, designed
specifically for the HCCI combustion. Olsson et al., (2004) used a modified 6 cylinder Diesel
engine with PFI and a CR 18:1 to compare different boost methods. It was shown that, highly
lean combustion (with reduced NOx) required higher levels of boost when compared to
conventional engines for the same load. The high boost also generated higher pressures during
the cycle increasing mechanical stresses. It was concluded that the best boosting solution
would be dependent upon the application.

The review of these studies suggests that, to efficiently achieve high loads, a two stage
turbocharger would be a good solution. For very low loads an electrically assisted
turbocharger could be a more interesting solution. For a light duty vehicle the best solution
could be variable geometry turbine with intermediate cooling. Charging efficiency can
therefore be considered as an important design parameter for HCCI combustion. A summary
of the benefits and draws of boosted HCCI combustion is given in Table 13.
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Boosted HCCI combustion
Advantages

Disadvantages

Very lean mixtures, with low NOx emissions

Can Increase Knock

High loads can be reached with low CR.

Over boosting will cause efficiency losses

Effective way to control load
Allows control of combustion phasing with NVO

A turbocharger must be carefully selected due to low
exhaust temperatures
Higher boost required in comparison to SI combustion

Table 13: Boosted HCCI combustion, advantages and disadvantages
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2.5.5 Fuel Composition and Oxidation

HCCI combustion is largely dominated by chemical kinetics. The fuel properties and the air to
fuel ratio are of crucial importance in this type of combustion. In fact, their role in successful
engine operation is considerably more important than in conventional spark ignited
combustion. Several research groups have been working on finding a suitable fuel
composition for HCCI combustion. However, unless there is a fuel blend suitable to perform
low, medium and high loads, HCCI combustion will have to be implemented using a fuel with
properties similar to regular gasoline. In this way the engine operation mode can be changed to
standard SI combustion for loads where HCCI is not possible. The influence of different fuel
properties was beyond this study as the fuel used was standard BP 95 RON pump grade.
However due to its significance in HCCI combustion the oxidation processes of isooctane is
briefly described here.

The auto-ignition process of most hydrocarbon fuels is highly dependent upon pressure and
temperature. Several reaction phases can be classified according to the temperature at which
they occur. The boundaries of these temperature intervals vary for different fuels. Some
researchers define the low temperature reactions for temperatures below 800K. Reactions
occurring for temperatures between 800K and 1000K are defined as intermediate. Finally,
high temperature reactions are considered to occur above 1000K or 1200K according to
different authors. Ogink, (2004) summarised the most important oxidation reactions of iso
octane’s (the main component of gasoline) as shown in Figure 16. The low temperature
reactions, identified by the blue arrows, involve mostly the decomposition of the fuel
molecules (C8H18, iso-octane); losing hydrogen atoms to form alkyl molecules (C8H17) and
hydrogen radicals. The change to intermediate temperature reactions occurs when molecules
of ketohydroperoxide starts to decompose into several species. Some of which are radicals that
cause chain branching reactions that results in a small percentage of heat release. This low
temperature heat release is often identified as cool flame by Risberg, (2006). Iso-octane has a
small low temperature heat release compared to n-heptane. As the temperatures increase
further, the production of ketohydroperoxides decreases, and the production of more stable
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components such as olefins and cyclic ethers, starts to occur. These are identified by the
orange arrows. At this stage the low temperature heat release rate decreases. This period is
characterised by a decrease in reactivity despite the continued temperature increase Ogink,
(2004).

Iso-octane
C8H18
Iso-octyl radical
C8H17 •

Beta
decomposition

Alkylperoxy radical
C8H17OO•
Conjugate
olefins
Hydorperoxyalkyl
radical
C8H16OOH•

Cyclic
Ethers
Beta
Scission

Oxohydroperoxy
radical
O2C8H16OOH•

Ketohydroperoxide
OC8H15OOH

Branching

Figure 16: Simplified Iso-Octane oxidation scheme.

The temperature continues to rise (mostly due to compression), and H2O2 radicals continue to
accumulate. As the temperature rises above 1000K, H2O2 starts to decompose quickly into two
hydroxyl radicals leading to the thermal runaway which characterises the main heat release.
The decomposition of H2O2 radicals is, according to Risberg, (2006), the most important
parameter to define the point of auto-ignition.

Even the combustion of a relatively simple primary reference fuel (mixture of only two fuel
components iso-octane and n-heptane) is a complex process which can be described by more
than 4000 chemical reactions involving more than 1000 chemical species Risberg, (2006).
The main components of gasoline are Paraffins (e.g; n-heptane, iso-octane), Aromatics (e.g;
toluene), Cyclo-paraffins (e.g; cyclohexane, methylcyclohexane), olefins (e.g; 1-heptene, 2heptene). Very small changes in the percentages of certain components can have a dramatic
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effect on the combustion process. Some iso-octane fuels exhibit a low temperature heat release
phase, others do not due to small percentages of fuel additives. Some additives used to
improve knock resistance, also prevent cool flames from occurring. Cool flame periods are
more significant during the AI of n-heptane than that of iso-octane.
Bunting, (2006) used spark assistance to achieve HCCI in a four valve single cylinder engine,
with fully VVT performing NVO, and opening only one intake valve. He found that small
variations in fuel composition could have a notable effect on HCCI ignition. Of the different
parameters analysed, he concluded that octane sensitivity was the major variable that
correlated with engine performance. Koopmans et al., (2004) identified that the same fuel
could show different auto-ignition behaviour, depending on the method used to reach the
ignition temperature. This fact significantly increases the complexity of the research.
Conversely to Bunting’s conclusions, they found that under stable NVO, HCCI combustion
was not sensitive to changes in the RON number. However a good correlation was observed
between the location of 50% mass fraction burn and the RON number divided by the emission
level of unburned hydrocarbons. They also concluded that the standard RON and MON
numbers were not suitable to differentiate fuels suitable for HCCI. In fact, Thirouard et al.,
(2005) goes further by proposing a new fuel test for HCCI combustion called Controlled Autoignition Number (CAN).
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2.5.6 Transitions: SI - HCCI - SI

The possibility to switch between combustion modes such as, HCCI and SI, is a promising
means to enable HCCI combustion to be implemented in production engines; for both PFI and
DI engines. SI operation would be used during start-up, idle and high loads, and HCCI
combustion would be performed during low and medium loads. In Figure 17, it is shown the
region where HCCI could be used during the NEDC. To perform the transitions between
modes several issues need to be addressed.

Figure 17: Engine operating in SI and HCCI mode over the New European Drive Cycle from Milovanovic et
al., (2005)

HCCI combustion requires high levels of residual gases, whereas flame initiation and
propagation in SI combustion is not possible with such high levels. A progressive increase of
the residual levels will cause instabilities. Stuart Daw et al., (2007) found that as EGR levels
were progressively increased, combustion entered an unstable region, ranging from 30% to
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50% EGR levels. Within this zone the charge became too diluted for flame propagation but
also lacked heat for auto-ignition. They found strong instabilities where cycles misfired
completely and other zones where cycles showed evidence of both types of combustion. It is
clear that the implementation of a dual combustion mode is a complex process that requires an
elaborate control strategy and a fast response time. Given the different nature of the two
combustion modes, the transitions should occur from one cycle to the next requiring
considerable step changes, to avoid unstable regions. Different transition strategies have been
investigated by a number of researchers, (see Koopmans et al., (2003a), Milovanovic et al.,
(2005), Santoso et al., (2005b) and Stuart Daw et al., (2007). The use of fully variable valve
timing systems and spark assistance was common to all, these factors seem essential for
successful SI-HCCI-SI shifts.

Milovanovic et al., (2005) used a single cylinder, PFI engine with a full VVT, a CR of 10.5:1,
lambda=1 and standard gasoline fuel (95 RON). The valve profiles used for the different
modes are shown in Figure 18. The switch from SI to HCCI occurred by reducing the valve
lift first and then adjusting the timing. The throttle was opened wide and the spark retarded to
TDC (considered off). The transition from SI to HCCI was considered to be good, occurring
smoothly without any increased emissions. The transitions from HCCI to SI were found to be
difficult particularly at low loads. During transition, the valves were readjusted to the SI
timing and the throttle moved from wide open to partially close. Due to the slow throttle
response more air than required entered the chamber leading to a very lean mixture so the first
SI cycle was found to be too lean to support flame propagation, causing high fluctuations in
torque and even misfires for one or two cycles. The authors concluded that a smooth transition
required a high level of synchronization between the throttle, the valve timing and the fuel
injection.
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Figure 18: Comparison of the valve profiles used in SI and HCCI combustion, form Milovanovic et al., (2005)

Koopmans et al., 2003a found similar results using a 5 cylinder engine equipped with PFI and
a fully VVT system. The fuel burned was regular gasoline (RON 97). SI combustion was
performed with WOT (load controlled by the valve timing) to avoid problems with the throttle
transient response. The valve timings are shown in Figure 19. The difference to the previous
work of Milovanovic is that, in this case peak lift was not altered, only the duration. The
transition from SI to HCCI was found to be irregular; the first cycle had different combustion
phasing from the stable HCCI. It was noticed that it took up to 200 cycles to reach HCCI
steady state conditions; at which point, the fuel consumption was reduced by 12%. The
transition from HCCI to SI was found to be robust, with a small risk of misfiring due to lower
chamber temperatures.
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Figure 19: Comparison of the valve profiles used in SI and HCCI combustion, from Koopmans et al., (2003b).

Another research group Santoso et al., (2005b), used standard gasoline (RON 91) in a single
cylinder engine equipped with a fully variable valve train and PFI. The CR was set to 12.3:1
with intake heating set to 120° C. Similarly to the previous studies, it was noticed that the
throttle response was too slow and thus not adequate for combustion shifts. To overcome the
issue, the throttle was kept wide open and the load during SI operation was controlled by the
intake valve closing time. The spark was kept at TDC for HCCI to prevent full misfire.
Santoso et al., 2005b found the opposite transition behaviour compared to the findings of
Milovanovic et al., 2005.

The transition from SI to HCCI did not always happen smoothly with misfires or knock
occurring. Even with successful transition the 1st HCCI cycle was followed by spark-assisted
HCCI due to the variations in the trapped residuals in an SI cycle to the trapped burnt gas in an
HCCI cycle. It was noticed that fuel had to be reduced for the first HCCI cycle. It was
concluded that the SI to HCCI transitions should be performed using the first cycle with
intermediate valve timing and the second, with the full HCCI valve timings. The transitions
recorded from HCCI to SI combustion were smooth. This result was attributed to SI
combustion being less sensitive to the combustion quality of the previous cycle. It was
achieved by readjusting the valve timings, the fuelling and the spark advance from TDC; the
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first SI cycle was found to be lean even with increased fuelling. Cairns and Blaxill, (2005a)
found that a smoother transition from SI to HCCI could be achieved by combining external
EGR and NVO.

A stable HCCI operating point does not mean that a transition will occur smoothly. All of the
aforementioned researchers used NVO to switch to HCCI combustion. They found sensitivity
to the valve timings particularly to exhaust valve closing and to intake valve closing. The first
controls the trapped residuals and the latter, the effective compression ratio. Considerable
variations in the exhaust gas composition, between HCCI and SI, can create a problem in
terms of emissions reduction given the 3-way catalyst requirement for near stoichiometric
conditions. It can be concluded that HCCI combustion is possible in current PFI engines
provided the valve train has sufficient flexibility.
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2.6 Conclusions
HCCI combustion has been achieved in different engines by different methods. DI engines
offer more flexibility in AI and load control. A wider range of loads and speeds can be
achieved with direct injection. PFI engines have less parameters that can be varied making the
control of combustion phasing particularly difficult. This type of injection can however have a
cost advantage, especially when used in a hybrid mode capable of performing both SI and
HCCI combustion. Despite the lower number of control options, PFI engines have achieved
stable HCCI combustion using a combination of different methods. Milovanovic et al., (2005)
reported 4.8 bar IMEP at 2000rpm with NVO. Yap et al., (2005a) went higher and combined
boost pressure with NVO to target 7.8 bar IMEP at 1500 rpm. In these two examples, the
results were obtained with regular gasoline fuel and standard SI compression ratios. Both
studies demonstrate that even with current technology HCCI an be achieved on a PFI engine.

It has been concluded from this review, that it is difficult to clearly define the current
operating limits of HCCI combustion. The combustion range is directly linked to the autoigntion method employed. To the author’s knowledge this combustion type has not yet
performed the entire NEDC cycle. The review also suggests that a combination of a moderate
compression ratio (approximately 12:1 to allow SI transitions), direct injection, a full variable
valve train and boost pressure can be the best solution for the successful implementation of
HCCI combustion over a wide range of speeds and loads.
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3 Experimental Setup and Procedure

3.1 Single Cylinder
A single cylinder research engine (RICARDO MK I Hydra), shown in Figure 20, was
mounted with an engine cylinder head from a 4 cylinder Volvo production engine (B234) and
a flat piston. The engine was chosen because extensive data had been gathered and analysed
over a period of 20 years (Hadded and Denbratt, (1991), Jackson et al., (1997) and Begg,
(2003). The data relates to combustion performance as well as more detailed research into air
motion and turbulence scales within the chamber. The swept volume of the production engine
was 2300cc. Dual Over Head Camshafts operate 16 poppet valves, with conventional port fuel
injection. The combustion chamber geometry is a pentroof design with 2 intake valves and 2
exhaust valves as shown in Figure 21. A forward tumble motion is the predominant incylinder air flow motion. This type of engine head was used in the Volvo 740 2.3 GLT and
940 GLT vehicles.

Figure 20: RICARDO MK I Hydra.
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The multiple-cylinder was adapted to the single cylinder engine. The cylinder head was cut
and modified along with the camshafts, as shown in Figure 22. The specifications of the
modified engine and the valve timings are given in Table 14. The Ricardo tumble ratio,
defined as the ratio of the angular velocity of the intake charge (assuming a solid body
rotation), after intake valve closure, to the rotational speed the crankshaft, was 0.88 Ricardo,
(1988).

Displaced Volume [cm3]

575

Stroke [mm]

86.6

Bore [mm]

92

Compression Ratio (nominal)

10.1:1

Connecting Rod Length [mm]

159

Exhaust Open [CAD]

68º BBDC

Exhaust Close [CAD]

12 º ATDC

Intake Open [CAD]

10 º BTDC

Intake Close [CAD]

70 º ABDC

Injection Pressure [bar]

3.5

Maximum valve lift [mm]

9.8

Fuel injector [4 hole]
Spark Plug

Bosch number 0280155993
NGK BP8EVX
Mitsubishi Coil on Plug (Diamond
FK0138)
95 RON pump grade gasoline

Ignition System
Fuel
Air Mass Flow Sensor

Endress Hauser AT70

Table 14: Research Engine Characteristics.
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Intake
Exhaust
Spark plug

Intake
Exhaust

Pressure transducer hole

Figure 21: Layout of cylinder head pentroof geometry

Figure 22: Modified Single cylinder head and the camshafts

The intake manifold was fabricated from the original multi-cylinder manifold and was fitted
with a Endress Hauser air mass flow sensor (specifications are given in Table 15), a large
intake plenum; a TYPE K thermocouple (specifications are given in Table 16); a butterfly
throttle valve, controlled via a stepper motor drive and two absolute pressure sensors,(one for
visual control of the absolute manifold pressure and one to record).
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Endress Hauser AT 70
DN15 – 150DIN
Nominal Diameter
1/2″ - 6″ ANSI
PN 40 (DIN 2501)
Nominal Pressure
Cl 300 (ANSI B16.5)
Permissible Temperature
-10°C --- +100°C
20-30 (V) DC
Power Supply
nominal 150mA
Analogue Current Output
4 mA -20mA
Accuracy Limits
± 2% of measured value
Repeatability (Standard deviation)
± 0.25%
Table 15: AT70 Endress Hauser air mass flow remote sensor characteristics.

Thermocouple Type K
Range [°C]
-200 to 1250
Extension grade [°C]
0 to 200
Error limits
2.2 °C or 0.75% > 0°C
(whichever is greater)
2.2 °C or 2.0% < 0°C
Table 16: Thermocouple TYPE K characteristics.

The in-cylinder pressure was measured using a Kistler (type 6125) piezoelectric transducer.
The characteristics are given in Table 17. It was fitted to the cylinder head at the location
shown in Figure 21. The pressure sensor was connected to a charge amplifier that converts the
electrical signal from the sensor into a voltage signal. The charge amplifier was reset before
each run. The location of the physical TDC and the location of the TDC indicated by the
motored pressure can vary due to heat losses and mass losses past the piston rings. The
difference was offset before each run with the data recording software INDICOM v1.5. This
difference represented a thermodynamic loss angle and was approximately 0.7 CAD at 1500
rpm, for this engine build.
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Measuring range [bar]
Overload [bar]
Operating temperature range [°C]
Acceleration sensitivity [bar/g]
Sensitivity change
250 °C ±100 °C
Thermal shock error

0 to 300
300
-20 to 350
axial <0,002
radial <0,003
<±1%

∆p (short-term drift) ≤ ± 0,3 bar
∆pmi < ± 1,5 %
at 1 500 1/min, pmi = 9 bar
∆pmax < ± 1 %
Torque wrench setting [N·m ]
10
Table 17: Kistler 6125 characteristics.

The exhaust system consisted of a conventional manifold built and adapted for this test cell. It
was fitted with a lambda sensor, ETAS LA4, (specifications shown in Table 18), a
thermocouple (TYPE K) and a water cooled absolute pressure sensor. Both the exhaust gas
temperature and the air-to-fuel ratio were recorded.

ETAS Lambda sensor LA4
Input voltage 6 to 30 V DC reverse-voltage protected
Controller
Current consumption 400 mA at 12 V
Input voltage 6 to 30 V DC, reverse-voltage protected
λ-sensor heating
Max. current consumption 5 A
Supported sensor types 80 Ω, 100 Ω, 200 Ω, and 250 Ω
Sensor connection
Pumped reference (LSU 4.9) 0 to 100 µA
Inputs (λ-sensor LA4; Measuring accuracy) ±1.5 %

Measuring
ranges

Lambda

0.7 to 32.767

O2

0 to 24.41 %

AFR

10.29 to 327.67

Internal resistance of λ-sensor

0.0 to 1000.0 Ω

Measuring transient time
Outputs
Ambient conditions

2 ms
Analog output 0 V to 8.2 V (parameter setting)
Short-circuit proof up to 40 V Output resistance 2 kΩ
-40 to +80 °C (display -25 to +75 °C)
Table 18: ETAS Lambda sensor LA4 characteristics.
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The fuel was pressurised to 3.5 bar and delivered to the injectors via a production Bosch fuel
rail. The injector part number is 0280155993, with four holes, as shown in Figure 23.

Figure 23: Four hole Bosch injector number 0280155993.

The injector mass flow rate was measured experimentally at Brighton, using a small closed
container with a hole where the fuel injector was fitted. The container was weighted empty.
Fuel was injected approximately 10000 times with a pulse with and repetition rate
correspondent to an engine condition of 1500 rpm. At the end the container was weighted once
again. The weight difference was the injected fuel mass during the recorded time. The
procedure was repeated 3 times. The measurement was performed for 5 different pulse widths.
The results are shown in Figure 24. The fuel used was pump grade BP 95 RON unleaded
gasoline.

Fuel Delivery [mg]

8

6

4

2

0
1

1.5

2

2.5

3

3.5

4

4.5

5

Injection pulse [ms]
Figure 24: Bosch injector part number 0280155993, mass flow rate measured at Brighton (as described above)
for a pressure of 3.5 bar and a pulse repetition rate equivalent to 1500rpm.
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The pressure in the intake manifold varied between 0.3 bar and 0.5 bar due to the heavy
throttled conditions. This pressure differential could have introduced some deviation of the
fuel injector curve. This error should have a small impact since the air and fuel adjustments
where based on lambda for a constant load.

The injector was triggered via a bespoke controller using a Z8 processor interface box
controlled with a Visual basic driven Serial PC interface. Further details on the control system
can be found in Parmenter, (2008).

The Ignition System consisted of a spark plug type NGK BP8EVX, and a standard Mitsubishi
coil on plug (Diamond FK0138). The ignition coil was instrumented to allow accurate
recording of the discharge timing. Ignition timing was controlled via the Z8 processor
interface box.

The control box received the crankshaft position with a pulse every 0.5 CAD and a single
pulse every 360 CAD, via a 720ppr Leine & Linde crankshaft encoder that was fitted to the
engine. To determine the firing TDC timing a Bosch Lumenition sensor, fitted on the intake
camshaft recorded a pulse every 720 CAD.

The throttle position was controlled manually. The fuel injection, timing and duration for
injector A and B and the spark timing were controlled independently of each other. All
measured engine parameters, are shown in Table 19. These were acquired with a high speed
data logger, an AVL INDISET 620 system.
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Recorded Engine Parameters
In-cylinder Pressure
Absolute Intake Manifold Pressure
Lambda Sensor Signal
Intake air mass flow ratio
Ignition Signal
Injection Signal (Injector A)
Injection Signal (Injector B)
Water Temperature (in)
Water Temperature (out)
Intake air Temperature
Exhaust gas temperature
Oil Temperature (sump)
Oil Temperature (head)
Fuel temperature (rail)
Exhaust Pressure

Indiset Channel
1
2
3
4
5
6
7
8
9
10
11
12
13
14
15

Table 19: Recorded Data and channel of acquisition.

The acquisition software was INDICOM V1.5. This system allowed real-time, on-screen
display of recorded parameters such as in-cylinder pressure and exhaust temperatures, and also
calculated parameters such as GIMEP, CoV in GIMEP and air-to-fuel ratio. For every test
point, 300 cycles were recorded individually and averaged. The water and oil systems were
custom built to the test cell. The oil and water were preheated before each run to 40°C and
65°C respectively. All test points were recorded with oil temperatures above 60°C. The
temperatures of both circuits were controlled with thermostats. The oil pressure was kept
above 3 bar during engine operation. Both the oil and the water circuits were instrumented
with thermocouples (TYPE K).
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3.2 Fast Flame Ionization Detector

A fast flame ionization detector (FID), Cambustion HFR400, was used during the tests to
measure the total concentration of unburned hydrocarbons in the exhaust gas. This equipment
consists of a hydrocarbon sampling probe, (a schematic is shown in Figure 25) and a main
control unit as shown in Figure 27, and finally a Speedivac 2 rotary vacuum pump. The fast
FID was supplied with pure air (99.9%) and pure hydrogen (99.9%) supplied at 3 bar. For
calibration, a mixture of 1000ppm propane and N2 was used.

Figure 25: Scheme of the sampling probe with flame ionization detector. Cambustion_Ltd, (2009)

Sensitivity

10mV/ppm to 20µV/ppm

Precision

± 2 % (of reading)

Response Time
Output

10 – 90% full scale in 2 ms (based on 0.2m tube)
-10V to 10V analoge DC output via BNC

Working Gas

Pure H2 at 3 bar (gauge)

Calibration gas

Propane in N2

Table 20:Cambustion HFR 400 specifications.
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The sampling probe works by having a chamber with a flame of hydrogen and air. A sample
of the gas to be analysed is then continuously drawn from the exhaust collector (taken 2 cm
after the exhaust valve) to the chamber through a capillary tube by a vacuum pump. If the
sample gas contains any hydrocarbons, it will produce ions when burning in the hydrogen
flame. The ion concentration is detected in a metal collector where a high voltage is applied.
The current through the metal collector is proportional to the ionisation rate. This is a very fast
process which gives response times of the order of milliseconds. The response time depends
upon the configuration of the probe; in particular, the distance between the hydrogen flame
and the exhaust main flow. This distance corresponds approximately to the length of the
sampling tube. In this case, the tube was 0.18m long, and according to the specifications,
given in Table 20, the response time was approximately 0.18ms.

Cylinder Head

FID
Sampling Probe
Exhaust Pipe

Figure 26: Flame ionisation detector and sampling probe installed on the exhaust manifold.
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The unit was calibrated daily. Calibration required the engine to be warm and the hydrogen
flame to be lit 20 minutes beforehand. The measurement sensitivity was set for 1000ppm per
volt and to a maximum range of 10 volts or 10000ppm.

Figure 27: Cambustion HFR400 Main Control Unit and probe installed on the single cylinder research engine.
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3.3 MIR
A LaVision fibre optical sensor was used to assess the in-cylinder fuel concentration locally.
This measurement technique is based on the absorption of infrared light by the hydrocarbon
molecules. Using a single absorption path the sensor can give crank angle resolved fuel
density measurements. These can be done for consecutive firing cycles, and without
modifying the engine. The infrared sensor was incorporated in a production type spark plug, as
shown in Figure 28.

Absorption path
Figure 28: LaVision infrared detector integrated in a spark plug.

The dimensions of the spark plug with the integrated probe are shown in Figure 29. The gap
between the electrodes was corrected to be the same as that used in the standard spark plug.
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Figure 29: Spark plug and optical probe dimensions, bottom view.

The sensor works with a tungsten halide lamp that emits infrared (IR) radiation. The radiation
is guided to the measuring location by a sapphire fibre. If fuel molecules are present in the
measuring path, the IR light will be absorbed at certain wavelengths, particularly the mid
infrared region, between 3µm and 4µm. The IR light is then reflected by a stainless steel
mirror at the end of the measurement path and guided to an IR detector through a sapphire
fibre. A schematic of the setup is shown in Figure 30. A chopper wheel was used to produce a
square wave that prevented some cycles from receiving IR light. The IR signal detected during
these cycles was attributed to background radiation produced by the heat generated during
compression.
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Figure 30: Experimental scheme of the infrared detector integrated into a spark plug, LaVision, (2009).
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3.4 Test Methodology and Programme
Before each test it was necessary to warm up the engine for approximately 20 minutes to
ensure thermal equilibrium and an oil temperature greater than 60°C.
6
A daily check point at
1500 rpm and 1.5 bar GIMEP was verified to ensure consistent engine beha
behaviour. The spark
plug was regularly cleaned.
cle
The first phase of tests was carried out using the original with a
single fuel injector, as shown in Figure 31. These first tests consisted of an ignition timing
swing to
o determine the minimum advance for best torque (MBT) at 1500 rpm and 1.5 bar
GIMEP. The results were compared with data obtained by Ricardo, (1988).
(1988)

Spark
Plug

Fuel Rail
Fuel
Injector

Side A

Side B

Figure 31 : Original configuration one injector delivers fuel for both intake valves. On the right, Intake
manifold pipe with fuel injector.

Begg, (2003),, using the same cylinder head and the original intake manifold, observed some
inclination in the tumble motion preferentially to side B. Running
g at
a 1500 rpm with an intake
manifold pressure of 0.4 bar.
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The subsequent sets of experiments were performed on a modified production intake
manifold. The intake port
p was adapted to accommodate two fuel injectors.
injectors A metal plate was
inserted in the port (between the valves and the injectors) to separate the flow path of each
intake valve as shown in Figure 32. In this manner the
he fuel delivery for each valve could be
independently controlled.
controlled These modifications could
uld have introduced slight changes to the
tumble motion, but these were not expected to be significant as the angle between the cylinder
head remained constant, and the sum of the cross-section
cross section areas of each port was equivalent to
the original manifold collector.
col

Spark
Plug

Port A

Metal sheet
used to split the
port

Port B

Figure 32:: Modified Intake system. Manifold split by a metal sheet creating to separate intake ports, with two
injectors, for independent fuel delivery to each intake valve. On the right, split intake manifold pipe with two
fuel injectors.

The focus of the investigation
investig
was on lean operation at low engine load and low engine
speeds. Experimentss were performed at 1500 rpm and 1.5±0.03 bar GIMEP, at 1000rpm and
1.0±0.03 bar GIMEP and finally at 1800 rpm and load of 1.8±0.03 bar GIMEP.
GIMEP The ignition
advance for MBT used throughout the testing for each AFR was taken from previous work
Ricardo, (1988). Several
everal different injection strategies were tested. These are listed in Table 21.
For each strategy an air-to-fuel
air
ratio swing was performed. The
he load was kept constant (±0.03
bar GIMEP) by adjusting the throttle angle and the fuel injection du
duration.
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Injector A
Single Side Injection

Open valve
Close valve
Open valve

Injector B

Close valve
Multiple

Phased
Dual injection

A close valve
B open valve
B close valve
A open valve

Open valve
Closed valve
Table 21: Different injection configurations tested.

The focus of the third phase of the investigation was concerned with controlled auto-ignition.
Different sets of tests were carried out to assess the capability of the current engine
configuration to achieve controlled auto-ignition conditions. Given the engine’s standard valve
train, any changes to the intake or exhaust valve timing had to be done manually. The timing
adjustments were restricted to steps of 18 CAD, which corresponded to one tooth increment of
the cambelt. This restriction was applied as it would have been unpractical and highly time
consuming to re-time the valves for every test point. So the changes were made with marks on
the crankshaft, on each camshaft and on the timing belt. For each adjustment the belt was
loosened so the exhaust and intake cam pulleys could be freely adjusted to the desired valve
timing.

Valve deactivation was also investigated. This was achieved by removing a pair of the
hydraulic tappets one from the intake side and one from the exhaust side. The aim was to
restrict the gas exchange.

A final study was carried out with low valve lift. As the engine had no means of valve lift
adjustment, the low lift was achieved by grinding the valve stem to the desired length. In
Figure 33, it is shown the gap between the cam and the hydraulic tappet caused by the
reduction of the valve length.
96

Chapter 3

Figure 33: Engine with reduced valve lift, camshafts,

3.5 Engine Model
The single cylinder research engine used in the experimental work was modelled using
RICARDO WAVE, a 1D engine simulation software. The model was built in parallel with the
research engine. The dimensions of the ducts (length and volume) on the intake and on the
exhaust were measured in the test cell and used as inputs to the model. WAVE was used to
calculate the gas dynamics of the intake and exhaust based on the experimental measured incylinder pressure trace. Parameters that are very difficult to measure experimentally, such as
residual gas fraction, reverse flow and in-cylinder temperature, could be estimated. The heat
release was also calculated with WAVE increasing the accuracy of the results. Emissions
levels for some test cases were also obtained.
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Later the model was used to explore the gas dynamics for different valve timings, particularly
the effects on compression temperatures and effective compression ratio. These results are
shown in chapter 6.

Figure 34: Schematic of model implemented in Ricardo WAVE

The input variables required for each run are given in Table 22. The injector characteristics
were defined through a mass flow rate table. The injection duration and the start of injection
were user-defined inputs given in milliseconds and crank angle degree respectively. The fuel
properties were supplied via the WAVE fuel data base.

Variable inputs defined for each run.
Injection duration
Start of injection
Lambda
Ignition
Pressure trace (experimental)
Engine Speed
Table 22: Variable parameters defined for each run
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WAVE solves the relevant thermodynamic equations with a finite difference technique. The
process used to calculate combustion parameters will be described briefly, further details can
be found in RICARDO, (2008).

Compression:

During compression, before ignition, WAVE calculates the pressure and temperature
inside the cylinder using a single- zone model. The step of the calculation in crank angle
degrees is a user input. The process is as follows:
1. The internal energy is determined by calculating the work, heat transfer, and the inflowing enthalpy due to fuel injection and liquid fuel evaporation.
2. Pressure and temperature are calculated from the internal energy found in step 1.
3. Steps 1 and 2 are repeated until the model reaches the user input for "Starting
Crank Angle for Heat Release Calculation".
4. At the initial crank angle for heat release calculation, the calculated and measured
pressures are compared. If the pressure error is larger than 0.01%, step 1 is
repeated, the trapped pressure (and temperature) is adjusted at the start of
compression to match the measured pressure trace at the crank angle for the
beginning of the heat release calculation. The process is repeated until the
calculated pressure matches the measured pressure within 0.01%.

Combustion:

During combustion the experimental pressure trace is used to calculate the temperature and
the heat release profile. The beginning of combustion is defined by the ignition timing,
until the exhaust valve opens calculations are carried out in the following manner,
RICARDO, (2008):
1. Temperature is calculated from the equation of state.
2. The internal energy is determined by calculating the work, heat transfer, and inflowing enthalpy due to liquid fuel evaporation.
3. The heat release is calculated from the first law of thermodynamics (detail below)
4. The fuel burn rate from the heat release rate is based on the instantaneous burning
air-fuel ratio and thermodynamic properties.
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The first law of thermodynamics states that the change in internal energy dE is equal to the
heat transfer in and out of the system dQ, minus the work done by the system dW. The change
in internal energy can be divided into two parts: the formation part, dEf, and the sensible part,
dEs. The formation part is caused by combustion, while the energy change in the sensible part
is given by the change in temperature. The first law can then be written as shown in Equation
3.1.

+,- . +,/  +0 1 +2

Equation 3.1

The energy change in the sensible part dEs is due to the change in temperature, it can be given
by Equation 3.2.

+,/  3 45 +6

Equation 3.2

Where m is the mass in the cylinder, Cv is the specific heat at constant volume and dT the
change in temperature. The change in temperature can be obtained from the equation of state,
Equation 3.3.
∆ T ∆P ∆V ∆R
=
+
−
T
P
V
R

Equation 3.3

Where ∆P is the change in pressure, ∆V is the change in volume and ∆R the change in gases
during combustion.

The work produced is calculated as shown in Equation 3.4, at each time step using as an input
the measured pressure trace.
∆W =

1
⋅ (P1 + P2 ) ⋅ ∆V
2

Equation 3.4

Then the energy change in the formation part (apparent heat release) can be found by Equation
3.5.

+,-  +0 1 +2 1 +,/

Equation 3.5
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From the apparent heat release the fuel mass to be burned can be calculated. WAVE uses the
instantaneous A/F ratio, calculated with a stoichiometric model, and the thermodynamic
properties of the different species to calculate how much fuel mass and fresh air must be
burned to achieve the required change in formation energy.

The heat loss to the cylinder liner, piston, and head, during each increment of crank angle, is
calculated using Equation 3.6.

∆Q = ∑ A ⋅ h ⋅ (Tg + Tw ) ⋅ ∆t

Equation 3.6

Where A is the area of the piston, head or liner, h is the heat transfer coefficient, Tw respective
surface temperature, Tg is the gas temperature and ∆t is the time step. The heat transfer
coefficient is calculated using the heat transfer model previously selected. In this case the
model selected to calculate the heat transfer coefficient was the Woschni model, which can be
described by Equation 3.7.
hg = 0.0128 ⋅ D −0.20 ⋅ P 0.80 ⋅ T −0.53 ⋅ vc

0 .8

⋅ C enht

Equation 3.7

Where D is the cylinder bore, P is the cylinder pressure, T is the in-cylinder temperature, vc the
characteristic velocity and Cenht is an user-entered multiplier. The characteristic velocity is
calculated by summing the mean piston speed and an additional velocity related to combustion
that depends on the difference between the cylinder pressure, and the pressure under motored
conditions. vc is given by Woschni’s original correlation, Equation 3.8.

vc = c1 ⋅ vm + c2 ⋅

VD ⋅ Tr
(P − Pmot )
Pr ⋅Vr

Equation 3.8
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Where the vm is the mean piston speed, VD is the cylinder pressure, Tr , Pr and Vr are the
reference temperature, pressure and volume respectively. Finally Pmot is the motored cylinder
pressure.

The coefficient, c1 is a dimensionless quantity calculated as shown in Equation 3.9.

c1 = 6.18 + 0.417 ⋅

vs
vm

v
c1 = 2.28 + 0.308 ⋅ s
vm

(used during scavenging)
Equation 3.9

(used when valves are closed)

Where vs is a term that takes into account the swirl ratio (or the tumble ratio given that WAVE
is a 1-D code) and it is calculated through Equation 3.10.

vs = π ⋅ sr ⋅ D ⋅

RPM
60

Equation 3.10

Where sr is the swirl ratio or the tumble ratio, which is 0.88 for the current engine model.
The coefficient, c2 is a constant; c2 =3.24 x10-3 [m/(s K)] during combustion. c2 = 0 when
combustion is not occurring.

A fuel spray and evaporation models were active during the simulation. The setting for fuel
film formation was enabled for the intake valves and the intake duct.
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4 Engine Performance Evaluation for New Injection Modes

4.1 Introduction
This chapter focuses on the mixture response of a PFI gasoline engine at low loads and low
speeds. The engine’s performance was evaluated for different injection modes, and compared
against data obtained by, Hadded and Denbratt, (1991) and Begg, (2003).

Combustion stability was the main focus of the study. It was evaluated for different air-to-fuel
ratios at three load and speed conditions. The engine mixture response was also investigated
for high concentrations of in-cylinder residual gas. Combustion was considered to be stable for
a CoV in GIMEP of less than 10%. The heat release was calculated from the pressure trace.
The combustion burn angles were compared for the different injection configurations tested.
The relation between combustion duration and combustion stability was investigated at
various AFR’s. The experimental results were used to validate the model developed in
WAVE. Emissions of unburned hydrocarbons were also analysed for different test points.

4.2 Baseline Test Results
The first engine test was carried out using the baseline production operating parameters. It
consisted of an ignition timing swing in steps of 2.5 CAD performed at stoichiometric
conditions and 1500 rpm. The throttle position and the fuel injection duration were kept
constant throughout the test.
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Figure 35: Ignition swing for stoichiometric operation at 1500 rpm. Where 0 CAD corresponds to TDC.

Figure 35 shows the effect of varying ignition timing on the engine load. As all other
parameters were kept constant, the maximum load produced corresponded to the minimum
(ignition) advance for best torque (MBT). For this speed and load, MBT was located between
33 and 37 CAD BTDC represented by the flat region of the curve fitted to the data. When
ignition occurred earlier than 33 CAD BTDC it increased the compression work (negative
work) and therefore the useful work was reduced. When ignition occurred later than 37 CAD
BTDC, the GIMEP started to decrease due to late combustion with flame propagating late into
the expansion stroke. MBT timing is usually associated with the lowest values of CoV in
GIMEP, if nothing else is varied. This correlation was verified for this test, the minimum
value of CoV in GIMEP was approximately 2.5% reached in the same region of the MBT
timing around 35 CAD BTDC, as shown on Figure 36.

CoV in IMEP [%]

9

6

3

0
-50

-40

-30
-20
Ignition [CAD BTDC]

-10

0

Figure 36: Variation in combustion stability with ignition advance at 1500 rpm and 1.5 bar GIMEP.
Where 0 CAD corresponds to TDC.
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4.2.1 Comparison with Previous Data

To ensure that the performance of the engine was consistent with previous data, a set of results
obtained at 1500rpm and 1.5 bar GIMEP, was evaluated against previously acquired data,
Ricardo, (1988). The MBT timing at this speed and load was the same as previously recorded
values of approximately 35 CAD BTDC. The CoV in GIMEP obtained during the ignition
swing was also compared as shown in Figure 37.
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Ricardo Original Data
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Figure 37: CoV in GIMEP at 1500 rpm and 1.5bar GIMEP, comparison between RICARDO DATA 1988 and
the results obtained during this work with standard intake manifold (original).

The CoV in GIMEP varied between 2 and 3% for MBT timing at the same load and speed,
showing similar values to that obtained during this test. Other key combustion parameters like
mass fraction burn duration were also compared. Figure 38 shows the ignition delay period
(combustion duration from ignition to 10% mass fraction burn) for the two datasets. Both
cases show a similar trend; the ignition delay increased with increasing air-to-fuel ratio. The
difference between the two data sets at stoichiometric conditions was approximately 4 CAD,
with the current engine build showing marginally longer ignition delay.
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Figure 38: Combustion duration from ignition to 10% mfb (ignition delay) at 1500 rpm and 1.5bar GIMEP.
Comparison between RICARDO DATA 1988 and the results obtained during this work with the original
intake manifold.

The main combustion duration (10 to 90% mass fraction burn) results are shown in Figure 39.
The two datasets are nearly identical about stoichiometric conditions, but they start to diverge
as combustion becomes leaner. For air-to-fuel ratios greater than 17:1, outside the stable
combustion zone (CoV in GIMEP is greater than 10%) the difference between the data sets

10 - 90 % Burn duration CAD

reached 5 CAD.
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Figure 39: Main combustion duration from 10% to 90% mfb at 1500 rpm and 1.5bar GIMEP; comparison
between RICARDO DATA 1988 and results obtained during this work with the original intake manifold.
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The differences observed between the two datasets could be due to factors other than
combustion variations. The divergence at stoichiometric conditions (ignition delay) and at lean
conditions (main combustion) could have been introduced by the calculations of the heat
release. In particular the importance of gamma defined as γ = (Cp/Cp), when using a singlezone model for the calculation of the heat release. A single zone model represents the
combustion chamber as a single area, with a uniform temperature and no differences between
the properties of the products and reactants. According to Chun and Heywood, (1987) this
model can produce results as accurate as the more complex two zone model provided that
appropriate values of gamma, γ are used. The gamma of a given mixture varies with its
temperature and composition. Figure 40 shows a value of gamma simulated in WAVE varying
during combustion for two different AFR’s. Gamma decreases with richer mixtures and with
higher combustion temperatures. Leaner mixtures show higher values for gamma mostly due
to the lower combustion temperatures but also due to the different percentages of fresh air and
residual exhaust gas.

Ratio of Specific Heats (Gamma)
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AFR 19
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Figure 40: Average ratio of specific heat capacities of in-cylinder mixture components during combustion,
obtained with WAVE simulation

To illustrate how the heat release calculation can be altered by the selection of gamma γ, one
pressure trace was used to calculate the combustion duration using two different γ. A
comparison is shown on Table 23. In the first column the mass fraction burn durations were
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obtained using a constant gamma equal to 1.3 to calculate the heat release. The second column
has the mass fraction burn angles obtained from the heat release calculation but using the
range of gamma values displayed in Figure 40.

AFR

14.7

19.0

Gamma
Constant
Variable
Difference
Constant
Variable
Difference
Ignition to
10% mfb
35.7
36.7
2.8%
47.5
48.9
2.9%
[CAD]
10 to 90%
mfb
32
28.5
12.3%
33.5
30.0
11.6%
[CAD]
Table 23: Mass fraction burn at 1.5 bar GIMEP and 1500 rpm results obtained for different gamma values

Small differences were found for the ignition delay, (less than 3% in both cases). The main
combustion period showed more than 10% difference, which could partially explain some of
the differences found between the 2 datasets. Other possible sources of difference were the
pressure transducers; the model used throughout this investigation could introduce more than
10% error at the lowest load condition. However the differences identified in this comparison
were within the errors, showing that the single cylinder engine was performing in a similar
manner to its original build.
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4.3 Study of Single Port Injection and Dual Port Injection Strategies
The first set of mixture response experiments were used to compare two different intake
manifold configurations. These tests were performed at 1500 rpm and 1.5 bar GIMEP. The
original production intake manifold, as shown in Figure 31, was tested first. Later the intake
was reconfigured for a dual injection system as illustrated in Figure 32. For both cases, the
spark plug gap was 0.82 mm and the injection timing was set at 90 CA BTDC firing (CVI).
For the dual configuration, injection was performed by splitting the fuel in equal amounts
between the two injectors for the same timing. The changes made were not expected to cause
significant changes to the pressure losses, given the low speeds investigated. Similarly it was
assumed that potential variations in the tumble ratio could be neglected.

The results of the mixture response swing for the two cases are plotted in Figure 41. No
significant differences in combustion stability were found between the two configurations. The
dual injection case shows marginal improvements in combustion stability. The last point
recorded with a CoV in GIMEP below 5% was for an AFR of approximately16.2:1 with the
original configuration. The dual injection configuration showed a marginal improvement by
extending the 5% level of CoV in GIMEP to approximately 16.5:1 AFR. A similar behaviour
can be seen for the stable combustion limit (10%) at approximately 17:1 AFR for the original
configuration and 17.5:1 AFR for the dual injection configuration. For AFR’s up to 16:1, both
data sets show similar behaviour with CoV in GIMEP varying between 2 and 3%. All
subsequent experiments were performed using the dual intake configuration.
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Figure 41: AFR swing for different intake configurations, at 1500 rpm and 1.5 bar GIMEP. Results averaged
over 300 engine cycles.

4.4 Sensitivity of Spark Plug Gap
To explore the effect of the spark plug gap on the stable lean combustion limits, a set of tests
was performed with three different spark plug gaps; 0.82 mm, 0.85 mm and 0.92 mm. The
experiment consisted of an AFR swing at 1500 rpm and 1.5 bar GIMEP. The results are
summarised in Figure 42.
20
Spark plug gap 0.82mm
Spark plug gap 0.85mm

CoV in GIMEP [%]

15

Spark plug gap 0.92mm

10
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13.5

14.5

15.5

16.5

17.5
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20.5
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Figure 42: AFR swing using different spark plug gaps, at 1500 rpm and 1.5 bar GIMEP
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As shown in Figure 42, there was a similar behaviour between the 0.82 mm and the 0.85 mm
gap. However, noticeable differences were found in the combustion stability limits when the
spark plug gap was increased to 0.92 mm. The lean limit for stable combustion was extended
from an AFR of approximately 17.5:1 to approximately 19.5:1 with the 0.92 mm gap.
Combustion stability was less clear at the 5% threshold, due to increased scatter in the data.
Nevertheless, for the 0.92 mm gap all recorded points showed a CoV in GIMEP below 5% up
to an AFR of 18:1. For the 0.82 mm gap, the 5% level was reached at an AFR of 17:1.

These results are in agreement with previous data obtained with this same engine (with 20%
EGR) where the CoV in IMEP was reduced from 20% to 10% by increasing the spark plug
gap from 0.65 mm to 1.0 mm. Ricardo, (1988). A wider spark plug gap required more energy
for the discharge, providing a stronger arc and therefore increasing the available energy to
ignite the mixture. This factor is particularly important for lean operation. However, wider
gaps increase the loading of the ignition coil which can lead to poor repeatability and result in
misfire at high speeds. In addition the electrodes are more subject to greater erosion.

For this study the spark plug gap was not increased beyond 0.92mm due to excessive signal
noise generated by the coil discharge on the cylinder pressure, manifold pressure and encoder
signals. Of all the spark plugs tested, the 0.92 mm gap was believed to be the best compromise
for this ignition system, and therefore this gap was used throughout the rest of the
experimental test program.
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4.5 Injection Strategies and Fuel Stratification
Different port fuel injection strategies were considered with the aim to promoting charge
stratification and the air-to-fuel ratio at which stable lean combustion could be obtained. The
experiments were also aimed at identifying differences in performance between open valve
injection and closed valve injection. For all of the injection strategies tested, the air-to-fuel
ratio was varied whilst maintaining a constant load and speed. The CoV in GIMEP was the
main parameter for the analysis. The tests were performed at three different speeds and loads
as shown in Table 24. These were identified as key points (KP) 1 to 3.

Test point identification

KP1

KP2

KP3

Speed [rpm]

1000

1500

1800

Load GIMEP [bar]

1.0

1.5

1.8

AFR [range]

[13 - 18]

[13 - 20]

[14 - 23]

Spark plug Gap [mm]

0.92

0.82; 0.85; 0.92

0.92

Ignition Coil Charge duration [ms]

3

3

4

Fuel pressure [bar]

3.5

3.5

3.5

Table 24: Summary of test point conditions

Figure 43 shows the comparison of the average cycle for each speed and load condition with
stoichiometric fuelling.
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Figure 43: Pressure trace of an average cycle, for KP1, KP2 and KP3.

4.5.1 Low Speed Engine Conditions

The different injection strategies investigated at 1500 rpm and 1.5 bar GIMEP were as
follows:

•

Dual injection, closed valve timing. (Dual CVI).

•

Dual injection, phased fuel delivery, with injector A OVI timing.

•

Dual injection, phased fuel delivery, with injector B OVI timing.

•

Single injection on side A during CVI.

•

Single injection on side B during OVI.

•

Single injection on side B during CVI.

•

Multiple injections on side B (OVI for half of the fuel and CVI for the other half).
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The CVI timing was always set to 90 CAD BTDC and the OVI timing was set to 360 CAD
BTDC, as shown in Figure 44. In the dual injection strategy cases, the fuel mass was split
equally between each port side. Phased injection was performed using both ports but the fuel
was injected at different timings. Firstly injector A was triggered during the open valve period;
then injector B during the closed valve period. In the second test, the conditions were
reversed; namely open valve on port B and closed valve on port A. In the final case multiple
injections were performed on port B, again with the fuel mass split equally and 50% injected
during closed valve and the remainder injected during the open valve period. The valve lift
profiles and timings for the open and closed injection are shown in Figure 44.

In-Cylinder Pressure

12

12

Intake valve lift profile 10

10
Combustion

Start of
CVI

8

8

6

6
Start of
OVI

4

4

2

2

0
-200

-100
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200
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CAD
Figure 44: Phase diagram of valve lift profile and injection timings.

For KP2, high levels of in-cylinder residual gas and reverse (back) flow were to be expected at
intake valve opening due to the heavily throttled conditions. The average intake manifold
absolute pressures varied between 0.30 bar and 0.36 bar for an AFR of 14.7:1 and 21:1
respectively. Simulation results for these conditions predicted that up to 25% of the inducted
gas mass was that due to exhaust backflow during the valve overlap period. The residual gas
fraction varied between 19 and 25% for stoichiometric fuelling and AFR of 21:1 respectively.
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The combustion stability results, recorded for the AFR swing at KP2, are shown in Figure 45,
for each of the injection scenarios.
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Figure 45: Mixture response at 1500 rpm and 1.5 bar GIMEP; comparison of injection strategies.

Combustion stability was improved significantly in comparison to the original baseline
configuration. Single injection on side A demonstrated the poorest combustion stability with
CoV in GIMEP of 13% for an AFR of 19.2:1, but still showed an improvement in comparison
to the original case.

Dual phased injection showed the best combustion stability at 1500 rpm and 1.5 bar GIMEP.
In this case, combustion with CoV in GIMEP below 5% was possible up to 19:1 AFR. And
combustion stability with a CoV in GIMEP below 10% was achievable up to approximately
21:1 AFR. It represented an improvement of 4 air-to-fuel ratios over the original combustion
stability limit of approximately 17:1 AFR. It was also interesting to observe that this result
occurred regardless of which port had open valve injection. The differences observed between
port A and B elsewhere, did not seem to impact upon phased injection.
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A single injection on side B, did not improve combustion stability for this particular load and
speed. It was identified in the literature review that single port injection in combination with
tumble motion generates some degree of fuel stratification. However, if stratification was in
fact occurring it did not improve combustion stability in this case. It is relevant to note that
multiple injections on port B showed a considerable level of improvement in terms of
combustion stability, comparable with phased injection, with a 9% CoV in GIMEP for an AFR
of 20.6:1. A common factor that was identified in the three injection strategies that showed
improved combustion stability; half of fuel was delivered under closed valve conditions and
the other half during the open valve period.

To further understanding of the combustion stability performance, the mass fraction burn
angles were calculated. The early flame development period was considered to be from
ignition to 10% of mass fraction burn, (ignition delay) and is shown in Figure 46.

Single B CVI
Dual CVI
Dual phased (B OVI)
Dual phased (A OVI)
SIngle B OVI
Original Configuration
Multiple Injection B
Single A CVI

48

Ignition Delay [CAD]

45
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39
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33
14.0

15.0

16.0

17.0
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20.0

21.0

22.0
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Figure 46: Ignition delay duration, defined as IGN to 10% mfb, for KP2

Each injection configuration resulted in an increase in the duration of the early combustion
phase with AFR. The shortest ignition delays were recorded for single injection on port B
(particularly with close valve injection). These were approximately 3 CAD shorter than the
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dual injection case for AFR’s below 19:1. Multiple injections on port B also had shorter
ignition delays across the AFR tested. These results suggested a certain degree of stratification
resulting in unequal flame propagation. The longest ignition delay recorded has been added for
reference. It was observed for the original configuration with a 0.82 mm spark plug gap.

From the literature review it was seen that the very early stage of combustion was dependent
(among other factors) upon the laminar flame speed, which is a function of the AFR. Residual
gas level and mean flow speed are also important factors that affect the early flame
development. It was also identified that fuel stratification could be achieved by single port
injection. Here, the results found for the early flame development phase were in agreement
with the literature. The shortest ignition delays for side injection were a result of fuel rich
clouds in the spark plug gap area.

It is relevant to note that shorter ignition delay did not correlate with the lower CoV in
GIMEP. In fact, phased injection exhibited the longest duration in early flame development
for several test points. The burn duration of the main combustion (10 to 90% mass fraction
burn) are plotted in Figure 47.
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Figure 47: Burn duration for 10 to 90% mfb, at 1500 rpm and 1.5 bar GIMEP, KP2.
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A clear difference was identified in the main combustion duration for injection on side B;
approximately 3 CAD faster than the other cases for every test point, particularly for CVI.
Injection on port B (single or multiple) also showed a lower overall spread in the 10-90%
duration over the range of AFR’s investigated.

The 10-90% mfb duration of the 3 dual injection strategies showed very similar durations and
similar variations with AFR, irrespective of injection phasing. For AFR’s between 17:1 and
20:1 the duration of combustion for the dual configuration increased approximately by 4 CAD.
Over the same AFR range, the combustion duration of the single injection on port B varied by
only 1.5 CAD.

The differences recorded between side A and side B suggested an asymmetrical air motion
(inclined tumbled) which was observed for this engine, firstly by Hadded and Denbratt, (1991)
and then by Begg, (2003). To confirm that the difference was not caused by the injector, the
injectors were swapped over but no significant differences were found. Injection on side B still
showed shorter combustion durations.
The differences found in the main burn periods suggested that the main flame propagation was
not controlled by the global AFR but by other factors. Particularly the in-cylinder air flow
motion. These results are in agreement with previous findings. Berckmüller et al., (1997),
using a 4 valve, pent-roof combustion chamber with a tumble ratio of 1.9 and a swirl ratio of
2.1, made similar observations. Lee et al., (2007), also using a 4 valve pent-roof chamber and
a tumble control port, found that the influence of the in-cylinder air motion on the direction of
the flame propagation became even more pronounced for lean mixtures.

The shorter combustion durations shown by single injection on side B may be suggesting that
the early flame kernel was dragged preferentially to side B by the inclined tumble motion. The
transition to a fully turbulent flame occurred in the richer fuel area which explained the faster
burn rates. For single injection on side A the opposite effect was observed. The flame kernel
was directed towards side B once again, by the mean flow motion, but in this case the mixture
was predominantly lean on side B. The richer area A was consumed later in the combustion
phase, thus extending the combustion duration.
118

Chapter 4

The variation in combustion peak pressures is shown in Figure 48 for different strategies with
AFR. Side injection on port B (open, closed or multiple injection timings) showed higher peak
pressures than the dual injection configuration. The higher peak pressure, across the range of
AFR tested, was a consequence of faster flame propagation, again pointing to the effect of fuel
stratification variations.
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Figure 48: Variations in combustion peak pressure for 1500 rpm and 1.5bar GIMEP, KP2.

The exhaust gas temperatures obtained for the different injection strategies are shown in
Figure 49.
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Figure 49: Variation in exhaust gas temperatures for different injection configurations
at 1500 rpm and 1.5 bar GIMEP

All of the new injection strategies recorded lower exhaust temperatures than the original
configuration (one injector to feed both valves). This was approximately 30°C to 40°C lower
for the dual injection case. This fact could be attributed to longer burn periods due to poorer
mixing. Also, divergence from the MBT timings could also have contributed to the difference.
The lowest exhaust temperatures were recorded for open valve injection, in particular on port
B. One possible explanation for this result was the increase in in-cylinder fuel evaporation
leading to lower the compression temperatures. The exhaust temperatures correlated well with
the longer combustion durations. To further investigate these results, the concentration of
unburnt hydrocarbon in the exhaust gas was analysed.

At 1500 rpm and 1.5 bar GIMEP, the improvements in CoV in GIMEP did not strongly
correlate with the main combustion phase. It is likely that other factors, such as different
injector orientation, different flow characteristics in the ports and spark plug orientation could
have affected the results. It is commonly accepted that longer combustion durations increase
combustion instability. However this data set suggests that shortening the combustion duration
did not necessarily improve combustion stability.
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The improved combustion stability obtained with phased injection showed that this strategy
could be used to reduce the negative effects of both open and close valve injection. One of the
negative sides usually associated with of closed valve injection was the formation of a liquid
fuel film in the port. Larger quantities of fuel injected per cycle increase the fuel film
formation, particularly for cold conditions. By having only half of the fuel injected during
closed valve, the fuel film formation could be reduced improving evaporation and mixing
times. Open valve injection could also benefit by having the injected fuel quantity reduced by
half as injecting large quantities of fuel can cause cylinder wall wetting, which can impair
mixing and increase ubHC.

For hot operating conditions the fuel injected during closed valve is assumed to be evaporated
at IVO. The fuel vapour is entrapped by the tumble air motion potentially creating a
homogenous (vapour) zone, in one side of the chamber. The fuel injected during open valve
would not be fully entrapped by the air motion, particularly at the low speeds considered. The
larger droplets, of diameter 40 to 50µm according to Hardalupas et al., (1995), have sufficient
momentum to follow a linear trajectory into the combustion chamber, potentially creating an
heterogeneous mixture in the other side of the chamber.

Multiple injections can have similar benefits to those described for phased injection associated
with stratification, potentially increasing combustion stability at certain operating conditions.
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4.5.2 Idle Engine Conditions

For 1000 rpm and 1.0 bar GIMEP (KP1), a set of tests similar to KP2 were performed. At this
speed and load, the engine was fully throttled (idling condition). The average intake manifold
absolute pressure was between 0.25 bar and 0.28 bar. Combustion performance under idling
conditions was generally poor. Very low charge density, combined with reduced air motion
compromised flame propagation. A higher concentration of residual gas from the previous
cycle and the greater period available for heat transfer to the chamber surfaces, also
contributed to combustion instabilities. Figure 50 shows the combustion response to the air-tofuel ratio for KP1. Five different injection strategies along with the original configuration were
tested. The MBT timing was not as clearly identified due to the high combustion instability.
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Figure 50: Mixture response test at 1000 rpm and 1.0 bar GIMEP

The CoV in GIMEP showed significant improvements in the combustion stability with some
of the new injection strategies. For the original injection configuration, combustion was stable
only for rich mixtures; AFR’s lower that 14:1. For the single B OVI case, the CoV in GIMEP
remained below 10% for AFR’s ranging from 14.7:1 to approximately 18:1. Multiple
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injections in port B also extended the lean combustion limit up to an AFR of 17:1. However at
16:1 the CoV in GIMEP was slightly greater than the 10% limit. No clear correlation was
observed between the CoV in GIMEP and the air-to-fuel ratio, unlike KP2 where combustion
instability rose linearly for AFR’s greater than 17:1.

The ignition delay (IGN to 10% mfb) is shown in Figure 51 for KP1 and the duration of the
main burning phase is plotted in Figure 52.
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Figure 51: Ignition delay duration (IGN to 10% mfb) at 1000 rpm and 1.0 bar GIMEP

The early combustion duration, shown in Figure 51, exhibited a linear variation for the dual
injection cases. The early flame development took longer as the mixture became leaner; in
agreement with that reported in the literature. By contrast, injections through a single port
(side B) did not show a linear response to variations in the AFR. Despite high data scatter,
ignition delay for most of the single injection cases appeared to fluctuate between 39 and 42
CAD across the range of AFR’s tested. Similarly to what was observed for KP2, no
correlation was identified between the duration of IGN to 10% mass fraction burned and the
CoV in GIMEP. However the results for KP1 are more likely affected by the choice of MBT
timings.
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Figure 52: Main burn duration for 10 to 90% mfb, at 1000 rpm and 1.0 bar GIMEP

The duration of the main combustion period is shown in Figure 52. Clear differences were
identified during this phase between the injection strategies tested. All injections on port B,
(OVI CVI and multiple) showed shorter burn duration across the stoichiometric and lean range
of air-to-fuel ratios tested. In some cases, single injection showed 25% shorter combustion
duration than the equivalent dual injection configuration. This result suggested a strong level
of fuel stratification achieved at this speed and load. It also explains the improved CoV in
GIMEP found for injections on port B.

All strategies tested at KP1 exhibited a similar trend in 10 to 90% mfb duration with variations
in AFR. The main combustion duration decreased with increasing AFR’s. This behaviour was
in contrast to that generally observed; i.e. a decrease in flame speed propagation with
increasing AFR. This result could have been attributed to the fully throttled conditions For the
richest condition the throttle was fully closed, resulting in a weak tumble air motion, lower
levels of turbulence at TDC (and 31% residual gas fraction, according to simulation results).
As the AFR is increased, the throttle valve was progressively opened; the residual gas volume
fraction was reduced to 25% at 18:1 AFR and the air mass flow rate increased. It can be
speculated that for this particular condition KP1, the effect of a leaner mixture upon the flame
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speed propagation was compensated by a combination of increased turbulence (higher mass
flow rate) and a reduction of the in-cylinder residual gas fraction.

The exhaust temperatures at 1000 rpm and 1.0 bar GIMEP are shown in Figure 53. At this
speed and engine load the temperatures were approximately 100ºC lower than that of KP2.
The lowest exhaust temperatures were observed for single injection on side B; these
corresponded to the shortest main combustion durations. The higher exhaust temperatures
recorded for the dual injection cases, were a result of the greater burn duration and combustion
occurring later into the expansion stroke. The longer burn periods increase the heat loss during
the expansion stroke and therefore decrease the efficiency.
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Figure 53: Exhaust gas temperatures for different injection configurations at 1000 rpm 1.0 bar GIMEP

A comparison between closed valve injection and open valve injection on port B was further
investigated by looking at the effect of ignition timing upon the burn duration and exhaust
temperatures, for a stoichiometric AFR and at 1000 rpm and 1.0 bar GIMEP.

An ignition swing is shown in Figure 54, for both OVI and CVI. A similar trend was recorded
for the two strategies. The results are in agreement with the literature where early ignition,
leads to longer duration of the early flame propagation but to shorter main combustion
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durations due to the higher pressures and temperatures reached. However, for OVI the
duration of the main burn period was consistently shorter across the ignition swing. It
suggested that a higher percentage of stratification was achieved with open valve injection. In
addition the reverse flow at intake valve opening, contributed to the results. As OVI begins 10
CAD after IVO the liquid droplets of fuel spray were less likely to be dragged by the reverse
flow. With CVI the fuel vapour in the port can be scattered up the port by the reverse flow at
IVO.
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Figure 54: Variation of combustion duration with ignition angle for OVI and CVI
at stoichiometric AFR and 1000 rpm and 1.0 bar GIMEP.

The exhaust temperatures are shown in Figure 55. In both cases, as ignition was advanced the
exhaust temperatures decreased. Small differences were seen between OVI and CVI. On
average, the exhaust gas temperature for closed valve injection was 10°C higher than that of
OVI, caused by the slightly longer main combustion period seen for CVI case. In addition the
differences found between the OVI and CVI cases were due to the charge cooling effect. With
OVI, fuel evaporated inside the combustion chamber and the compression temperatures will
be lower, resulting in lower mean combustion temperatures.
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Figure 55: Variation in exhaust gas temperature against ignition timing for an AFR of 14.8:1,
1000rpm and 1.0 bar GIMEP

4.5.3 Mid-speed range

The final sets of experiments were performed at 1800 rpm and 1.8 bar GIMEP, KP3. For this
speed and load, the average intake manifold pressure varied from 0.34 to 0.41 bar (absolute)
for an AFR of 14.7:1 and 21:1 respectively. Multiple injections were not tested. It was
observed for several test points that the MBT timing was slightly different from the original
MBT timing. The effect was not expected to have a significant impact on the results due to the
flatness of the torque curve close to MBT timing.

The mixture response results are shown in Figure 56. Combustion stability improved in
comparison to KP1 and KP2. All dual injection configurations showed CoV in GIMEP below
5% up to an AFR of 19:1. This benefit was due to the higher load and speed which improved
mixing and increased in-cylinder charge density. The best combustion stability was found for
dual injection during the closed valve period. The 10% limit of the CoV in GIMEP was
extended from 21:1 AFR to 22:1 AFR.
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Figure 56: Mixture response test, at 1800 rpm and 1.8 bar GIMEP (KP3).

The dual injection strategies displayed better combustion stability than the single injection
strategies. This fact was most likely due to a better overall fuel-air homogenisation. In contrast
to what was seen for KP1 and KP2, single side injection on port A showed better stability than
that of port B. In fact the poorer combustion stability was found for injection on port B. These
differences found were due to changes in the intake air motion. Increased engine speed led to
increased mass flow rate and the interaction of the intake pressure waves could have affected
the tumble motion asymmetry previously identified. Further evidence is shown by the ignition
delay angles in Figure 57.

Kato et al., (2008) reported that the poorest combustion stability was also observed for single
side injection, using a similar type of combustion chamber. However, the differences were
found for a speed of 4000 rpm and a load of 3 bar IMEP. They attributed this result to poor
mixing.
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Figure 57: Ignition delay duration, IGN to 10% mfb, at 1800 rpm and 1.8 bar GIMEP (KP3).

Every injection configuration tested showed a similar behaviour, with leaner air-to-fuel ratios
leading to increased ignition delays. Despite the data scatter, single injection on side A and B
showed different ignition delay responses to AFR. Port B had the shortest ignition delays for
AFR’s up to 17:1, whereas injection on port A had the longest ignition delays for the same
period. For AFR’s greater than 18:1, combustion became unstable (CoV in GIMEP above
10%) for single injection on port B. Conversely, single injection on port A showed the shortest
ignition delays for AFR’s greater than 18:1, with combustion remaining stable up to 20:1
AFR. The reason for this transition was not clear but it was probably related to changes in the
cylinder air motion. No clear correlation could be identified between combustion stability and
the duration of ignition delay. Dual injection modes, closed and phased, both showed shorter
ignition delays at the leaner AFR’s than the original configuration, reflecting in this case, the
better combustion stability observed.

The main combustion duration, defined as 10 to 90 % mfb, is shown in Figure 58. The trend in
the main combustion duration was similar for all of the injection strategies tested. For AFR’s
below 18:1 it did not seem to vary with air-to-fuel ratio. But as the mixture became leaner, the
main burn duration increased linearly with AFR.
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Figure 58: Burn duration for 10 to 90% mfb, at 1800 rpm and 1.8 bar GIMEP (KP3).

A significant observation was that combustion (both early and main combustion duration) was
faster for AFR’s between 19:1 and 20:1 with injection thorough port A. Yet around this AFR
some spread was found for combustion stability. No clear link was indentified between side
injection and combustion stability at this engine condition. It was identified in the literature
that stratification with a PFI engine is dependent upon the interaction between fuel spray and
air flow motion. This interaction can help to explain the different engine responses to single
injections on port A found across the 3 speeds investigated.

The peak combustion pressures are shown in Figure 59 for KP3. The peak pressures seem to
be slightly higher for single side injection, however the differences are within ±1 bar. The
exception was the original configuration with showing lower peak pressures. The small
pressure differences between single side injections and dual port injection are inside the
measurement error and therefore are not very relevant to assess the stratification level.
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Figure 59: Peak combustion pressures for 1800 rpm and 1.8 bar GIMEP (KP3)

The exhaust gas temperatures measured at 1800 rpm and 1.8 bar GIMEP are shown in Figure
60. The lowest exhaust temperatures were exhibited by the dual injection strategies. These
were also the cases which showed the best combustion stability, however they did not
correlate with the faster flame propagation identified by the shortest main combustion period.
The exhaust temperatures were approximately 200ºC higher than KP1, due to the higher loads
produced.
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Figure 60: Exhaust gas temperatures for different injection configurations at 1800 rpm and 1.8 bar GIMEP

The combination of lower peak pressures and the higher exhaust temperatures observed with
original intake configuration result from slower combustion rates. Indicating that the split
intake runner combined with a larger spark plug gap can introduce benefits in terms of
combustion duration. The effects on emissions are explored in section 4.7.

4.5.4 Misfire Tolerance

As the mixture becomes lean, combustion instabilities start to occur as reflected in the CoV in
GIMEP. The chances of a misfire increase as combustion deteriorates, particularly so at low
loads. Cold starts are also a period where misfires are more likely to occur. If a cycle misfires
completely then no useful work is produced during the expansion stroke and the ubHC
emissions increase sharply. Partial misfires occur more frequently, these are the result of
partial fuel burn where only a small percentage of the fuel’s energy is released. In this work a
cycle was considered to have misfired when the GIMEP produced was 50% below the average
value obtained over 300 cycles. An example is shown in Figure 61, (300 cycles were recorded
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but for simplicity only 100 cycles are shown). The GIMEP of cycle number 61 dropped to
0.34 bar from the 1.5 bar average
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Figure 61: Partial misfire occurred at cycle number 61. AFR of 19:1 for dual CVI, KP2.

The misfired cycle was reflected in the ubHC emissions, which increased sharply, saturating
the fast FID measurement at 10000 ppm. The cycle that followed the misfire had different in
cylinder conditions. The residual in-cylinder gas was in this case composed of unburned air
fuel mixture. The extra fuel and air increased the total heat release, which was reflected in the
peak pressure reaching 13 bar where the 100 cycle average was at 8.6 bar. The GIMEP also
increased to 1.7 bar from an average of 1.5 bar. At higher loads, the extra fuelling could have
resulted in abnormal combustion (knock). However misfires become less likely to occur as the
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load increases. In Table 25 are shown the AFR’s at which the first misfire occurred, for each
injection configuration tested.

Original
Dual close valve
Dual open valve
Single A CVI
Single B CVI
Single B OVI
Phased (A OVI)
Phased (B OVI)
Multiple B

KP1
R
15.3
R
R
14.7
15.3
15.7
15.2

KP2
17.2
18.0
17.1
18.0
18.9
19.2
19.3
20.5
20.5

KP3
18.5
21.4
*
*
*
21
-

[R] Misfire occurred for AFR<14.7; [*] no misfire recorded for the range of AFR tested; [-] not fully tested

Table 25: AFR where the 1st misfire was recorded for each injection mode tested, average of 300 engine cycles

The misfire limits were extended for the three engine operating conditions evaluated. At KP2,
the first misfired cycle occurred for an AFR of 17.2 with the original fuel injection settings.
With phased injection and multiple injections on port B, the first misfire occurred for an AFR
of 20.5. The improvements found in misfire prevention correlated well with the CoV in
GIMEP. Similar results were observed for KP3. The injection strategies with the best
combustion stabilities were also the less susceptible to misfire events. However, for single
CVI no misfires were recorded at the AFR’s tested, despite the higher combustion instability
reflected by the CoV in GIMEP. For KP1 some differences were found; the best combustion
stability was not reflected in a higher resistance to misfires. At this engine operating condition,
misfire events were more common due to the very low loads produced. In fact, for the original
injection configuration, misfires were registered even for rich mixtures. The phased injection
registered misfires only for an AFR of 15.7:1, however combustion was always considered
unstable. In contrast, single CVI on port B registered misfires with stoichiometric fuelling, but
the CoV in GIMEP was lower than 10%. The results show that for very low loads, combustion
stability can’t be exclusively defined by a 10% level of CoV in GIMEP.
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4.6 Results of the WAVE Simulation
The effects of single side injection and dual injection, upon the intake and exhaust gas
dynamics was investigated with the WAVE simulation, the results are presented in this
section. The in-cylinder pressure trace, during combustion was used as an input to the
simulation. An example of a simulated pressure trace against the measured pressure trace is
shown in Figure 62.
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Figure 62: Pressure comparison at 1500 rpm and 1.5bar GIMEP at 15 AFR for dual closed valve injection

The simulation captured with a high degree of accuracy the gas exchange process, less than
2% error. It was used to calculate parameters that could not be directly measured (e.g.
percentage of residual exhaust gas).

The in-cylinder residual gas from cycle-to-cycle varied with engine speed, throttle position,
intake and exhaust pressure and mass flow rate. The model was applied to calculate the
variation of the in-cylinder residual gas fraction with AFR. The predicted residual levels for
the conditions tested are shown in Table 26. It should be noted that in the available test data
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(Ricardo, 1988), the AFR was reduced proportionally, as the EGR rates were increased from
approximately 10% onwards, in order to maintain combustion stability.

AFR

KP1

AFR

KP2

AFR

KP3

13.3:1

31 %

14.7:1

24 %

14.7:1

23 %

14.7:1

29 %

16.2:1

22 %

17.6:1

21 %

16.2:1

27 %

17.6:1

21 %

19.1:1

20 %

17.6:1

25 %

19.1:1

20 %

20.6:1

19 %

Table 26: Simulated results of percentage of in-cylinder residual gas, Ricardo WAVE model

The high levels of residual gas trapping were a consequence of the heavily throttled
conditions. The intake manifold pressure was low, below 0.5 bar absolute for each test point.
In Figure 63 are shown the intake and exhaust gas mass flow rates.
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Figure 63: Variation of the intake and exhaust gas mass flow rates at KP1, KP2 ad KP3
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At the moment of the exhaust valve opening, the in-cylinder pressure was lower than
atmospheric for the conditions tested. As a consequence, exhaust gas backflow occurs
initially, with gas from the exhaust pipe entering the cylinder. This effect was more
pronounced at the lower loads, KP1 and KP2, where the in-cylinder pressure was lower. At
intake valve opening reverse flow also occurred, in this case due to heavily throttled
conditions creating a low pressure in the intake manifold. The gas mass flow rate was higher
for the higher speed condition KP3.

The results were obtained for dual closed valve injection at KP2. The low volumetric
efficiency is the result of the heavily throttled conditions, by burning lean it was possible to
improve it 18% for the same load, reducing the pumping loses. The benefits were also
reflected in the indicated specific fuel consumption reduced by nearly 10% for 17.2:1 AFR, in
comparison to stoichiometric fuelling as shown in Table 27.

AFR

ISFC [kg/kW/hr]

Volumetric efficiency [%]

14.7:1

0.465

11.9

15.2:1

0.463

12.6

16.0:1

0.451

12.7

16.6:1

0.437

13.5

17.2:1

0.425

14.1

Table 27: Indicated specific fuel consumption and volumetric efficiency variation with AFR. Wave simulation
results for KP2 dual closed valve injection.

A temperature difference in the intake collector when performing single side injection, was
identified with the simulation. The port where fuel was injected showed on average a
temperature 15°C lower than the other port. This difference was only seen with for open valve
injection. To identify if this temperature difference could generate thermal stratification in the
combustion chamber further analysis would be required. A 3 D model of the combustion
chamber could be employed to identify the spatial distribution of the air-fuel mixture, the
residual exhaust gas and the temperature in the combustion chamber.
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4.7 Unburned Hydrocarbon Emissions
The effect of the different injection configurations upon ubHC emissions was investigated
using a fast flame ionisation detector. The probe was located approximately 3 cm downstream
of the exhaust valve. The results obtained at 1500 rpm and 1.5 bar GIMEP are presented in
Figure 64. The hydrocarbon emissions shown were averaged over 300 engine cycles. The
uncertainty in the measurements was ± 2% as indicated by the error bars.
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Figure 64: ubHC emissions for an air-fuel ratio swing at KP2.

The results in Figure 64 show the emission levels increasing for AFR’s above 17:1 for all
injection configurations. The emission levels for dual phased injection were the lowest for
most of the AFR’s tested. This result was consistent with the combustion stability (CoV in
GIMEP). The increase in ubHC emissions with AFR was reflected by the onset of incomplete
combustion. The emissions response to AFR was approximated by a second order polynomial
for the dual phased injection case. The minimum was identified at an AFR of approximately
16:1, which corresponded to the lowest emission point. This result is in agreement with the
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literature. All single side injection cases revealed higher levels of ubHC emissions compared
to the dual injection cases. For single B OVI the ubHC emissions were minimum at
stoichiometric fuelling.
On average, open valve injection on port B showed 7 % higher ubHC emission than closed
valve injection on port B. In opposition, the dual vale injection case showed on, average, 3%
lower ubHC emission for closed valve injection. The difference was higher at stoichiometric
fuelling were dual OVI had 13% lower ubHC emissions, than that of dual CVI.

It was observed that the strategy with the fastest burn rate revealed the highest levels of ubHC
emission for AFR’s above 15:1. A factor that could have contributed to the difference between
the single injection and dual injection could be a better mixing in the later case. As a result a
more complete combustion was achieved despite the slower burn rate. Another plausible cause
for the higher ubHC emission could be due to fuel in chamber crevices. Slower flame
propagation shifted combustion further into the expansion stroke, reaching higher
temperatures later in the expansion stroke. As the piston moved towards BDC some of the fuel
released from the crevices was oxidized due to the higher temperatures. In contrast for earlier
combustion the temperatures are lower further into the expansion stroke and the late oxidation
rates are lower.

The WAVE model was used to investigate the NOx emission levels. The results shown in
Table 28 were validated with the ubHC emission. The model was only applied for the dual
CVI case as the 1 D code did not account for fuel stratification effects. The simulation
captured reasonably well the ubHC emission trend up to an AFR of 17:1. For leaner mixtures
it diverged due to the effects of cycle to cycle variation in the real case. The simulation shows
the NOx level dropping for AFR’s leaner than 16:1, and it was reduced by nearly half at and
AFR 18.7:1. CO emissions were also simulated and showed a sharp decrease for lean
combustion in comparison to stoichiometric combustion.
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HC experimental
HC simulation
NOx simulation
CO sim
ppm
ppm
14.7
2262
2100
337
810
15.2
2059
1960
490
245
16.0
2105
2056
490
231
16.6
2397
2450
480
90
17.2
2207
2400
310
73
17.9
2759
2300
271
55
18.7
3130
2425
250
40
Table 28: Experimental and Simulated emission levels for dual CVI at 1500 rpm and 1.5 bar GIMEP
AFR

The combustion stability was also reflected in the emissions levels from cycle to cycle. A
comparison for KP2, is shown in Figure 65. For an AFR of 15.3:1 (top plot) with a CoV in
GIMEP of 3.3% the standard deviation of the ubHC emissions was 85 ppm and the CoV in
ubHC emissions was 4%. For comparison an AFR of 18.6:1 with a CoV in GIMEP of 6.3%
had a CoV in ubHC emissions of 10.4%. The standard deviation was 345 ppm, with variations
from cycle to cycle of 1800 ppm.
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Figure 65: Emissions at KP2, for dual CVI. AFR of 15.3:1 at the top with 3% CoV in GIMEP and AFR of
18.6:1 at the bottom with 6.3% in GIMEP
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There is a clear relation between the CoV in GIMEP and the CoV in ubHC emissions. Figure
66 shows a nearly linear increase in the variability of ubHC emission with the increase of
combustion variability represented by the CoV in GIMEP. The test points were taken at 1500
rpm and 1.5bar GIMEP at different AFR’s and different injection strategies. These results
emphasize the importance of combustion stability and their benefits in controlling the ubHC
emissions.
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Figure 66: Relation between CoV in GIMEP and CoV in ubHC emissions,
across different AFR’s and injection strategies

10

The emissions levels of ubHC obtained at 1800 rpm and 1.8 bar GIMEP are shown in Figure
67. Similarly to what was observed at KP2, all injection modes tested exhibited an increase in
ubHC emissions with increasing AFR. Single side injection on port B produced the higher
levels of ubHC for AFR’s greater than 16:1; 27% higher level than dual CVI at an AFR of
18:1. For dual injection, OVI and CVI emission levels were compared, no significant
differences were found across the AFR range tested. Dual injection configurations displayed
approximately constant emission levels between AFR’s of 14.7:1 and 16:1.

141

Chapter 4

5500

Dual CVI

5000

Dual phased (A OVI)
Dual phased (B OVI)

4500
HC emissions [ppm]

Single B CVI
4000
Dual OVI
3500
3000
2500
2000
1500
14

15

16

17

18

19

20

21

22

AFR
Figure 67: Comparison of ubHC emissions with air-fuel ratio for dual and single injection cases at KP3

The influence of ignition timing upon ubHC emission levels was briefly investigated. Three
different operating conditions were analysed. The results obtained are shown in Figure 68.

Dual Phased AFR 14.8 KP3
Dual Closed AFR 18.1 KP3

3500

Dual Phased AFR 16.3 KP2

ubHC emissions [ppm]

3100
2700
2300
1900
1500
-50

-45

-40

-35

-30

-25

Ignition timing [CAD BTDC]
Figure 68: ubHC emissions with varying ignition timing. Dual phased injection and 16.3 AFR at KP2. Dual
phased injection and 14.7 AFR at KP3. Dual closed injection and 18.1 AFR at KP3.
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The tests showed a similar response in each case to the ignition swings. Emissions of ubHC
were reduced by retarding ignition. By retarding ignition, the emission level was reduced by
6.4 % at 14.8:1 AFR, 13.2% at 16.2:1 AFR and 17.9% for an AFR of 18.1:1. This trend was
observed for other injection modes. At the 18.1:1 AFR, the 17.9% reduction in emissions was
achieved by retarding the spark 14 CAD as a consequence the CoV of GIMEP increased from
3.6% to 4.6%.

As the ignition was retarded, the main combustion phase occurred later in the expansion
stroke. The delayed combustion resulted in higher in-cylinder temperatures prior to exhaust
valve opening (confirmed by the exhaust gas temperatures). These higher temperatures
increased the oxidation rate of the hydrocarbons, released by the crevices as the piston moves
towards BDC, reducing the total ubHC emissions. Ignition timing was as parameter that could
be used for emissions control however it required a balance setting to prevent loss of
combustion efficiency by moving combustion away from TDC.

The ubHC emission levels obtained at 1000 rpm and 1.0 bar GIMEP are shown in Figure 69.
Only 3 injection strategies were recorded.
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Figure 69: Comparison of ubHC emissions with air-fuel ratio for dual and single injection cases at KP1
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Despite the limited data points recorded, no difference was identified between the injections
configurations tested. OVI and CVI on port B revealed similar levels of ubHC emissions. The
three configurations tested, showed a linear increase in ubHC emissions with AFR increase.
This observation is consistent with the literature where combustion deterioration is expected
with increasing AFR. It is interesting to note that the lowest AFR’s tested 13.8:1 had the
lowest ubHC emission. It suggests that for the fully throttled condition, KP1, incomplete
combustion occurred throughout the AFR range tested. In fact at this speed and load the
increased combustion stability obtained with single side injection on port B, was not reflected
by the ubHC emission levels. The combustion duration was also not found to affect the ubHC
emissions levels.

144

Chapter 4

4.8 Tolerance to Residual Gas Fraction
The modern SI engine requires EGR to reduce NOx emissions. A short investigation was
carried out to identify the effects of the various injection configurations in combustion diluted
with high levels of residual gas. To overcome the absence of an EGR loop, the exhaust pipe
was fitted with a gate valve. The in-cylinder residual gas levels were controlled by increasing
the exhaust back pressure. A control test was performed at 1500 rpm and 1.5 bar GIMEP with
λ= 1. The exhaust back pressure was slowly increased to 1.5 bar (cycle average). The
combustion stability obtained, for different ignition timings, is shown in Figure 70.
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Figure 70: Combustion stability at 1500 rpm, 1.5 GIMEP and 15:1 AFR.
Exhaust back pressure, 1.5 bar absolute

The results showed that increased back pressure reduced combustion stability, especially for
the dual injection cases. The WAVE simulation results indicated that a residual gas percentage
of approximately 33% for these operating conditions. Without increased back pressure all the

145

Chapter 4

points tested had a combustion stability of less than 5% at a constant AFR. For reference, one
test point is shown standard back pressure conditions (labelled control).

The Dual CVI case showed a decrease in combustion stability with the CoV in GIMEP rising
from 3.7% (no back pressure) to 10.3% for the same ignition timing. By advancing ignition, it
was possible to counteract the excess residual gas level and improve combustion stability to
6.3%. However, it was still twice the standard value and greater than the 5% threshold.
Different results were observed for single side injection on port B, where combustion stability
could be maintained even with a high level of in-cylinder residual gases. CVI on side B
recorded nearly identical CoV in GIMEP values to the cases where no back pressure was used.
Single injection in port A, revealed a marked difference between open and closed valve
injection. The CoV in GIMEP was below 5% for closed valve injection, but more than
doubled for the open valve injection case. The worsening of combustion stability, verified for
open valve injection, was likely related with the increase in the reverse flow at intake valve
opening. The intake mass flow obtained through simulation is shown in Figure 71.
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Figure 71: Intake valve timing and intake mass flow, comparison between standard and increased exhaust
back pressure
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In the simulation, the higher level of exhaust back pressure increased the maximum speed of
the reverse flow gas at intake valve opening from 27 m/s to 49 m/s. In terms of percentage of
the total mass flow, the reverse flow increased from 19% to 32%. The higher rate of back flow
reduced the targeting accuracy of the fuel spray as the pulse for a single open valve injection,
at this speed and load, occurred almost entirely during the back flow region as shown in
Figure 71. The poorer mixing expected for this condition, could have contributed to
combustion instability.

The higher levels of residual gas present at the combustion chamber during ignition had an
effect upon the combustion burn angles, as shown in Table 29.

IGN – 10%

Increase in duration

10 – 90%

Increase in duration

[CAD]

[%]

[CAD]

[%]

Dual CVI

41.3

13

36

47

Dual OVI

41.4

6

38

31

Single B CVI

36.7

9

26.6

13

Single B OVI

37.3

11

30.5

29

Single A CVI

41.3

17

31

16

Single A OVI

38.5

3

37

37

Injection Strategy

Table 29: Mass fraction burn comparison, standard vs. increased exhaust back pressure (test points shown in
Figure 70). 1500 rpm, 1.5 GIMEP and 15:1 AFR

The delay and main combustion durations were greater for all of the tested cases when
compared to the standard exhaust back pressure cases. It is interesting to note that the early
stage of combustion was less sensitive, than that of the main combustion. The faster flame
propagation was seen for CVI on port B. The result was also reflected in the better combustion
stability shown in Figure 70. The main combustion period (10 to 90% mfb) increased by 13%
for the single B CVI case. The dual injection case saw an increase of 47%. These results point
to an increase in combustion tolerance to high residual gas levels, achieved with fuel
stratification. The marked difference found between single open and single closed valve
injection was also reflected in the combustion duration.
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The slower flame propagation and the residual gas dilution effect caused a reduction in
combustion peak temperatures. These were reflected in the recorded exhaust gas temperatures,
as shown in Figure 72.
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Figure 72: Exhaust temperatures at 1500 rpm and 1.5±0.03 bar GIMEP with approximately 1.5 bar exhaust
back pressure closed injection and 15±0.2 AFR.

The temperature was approximately 25 °C lower for single injection on port B compared with
dual CVI. All test points showed a temperature reduction, between 30 to 40 °C, when
compared to the equivalent case without increased back pressure.

The lower combustion temperatures and slower flame speed propagation were expected to
cause increased ubHC emissions due to incomplete combustion. The ubHC emission levels are
shown in Figure 73. All the injection strategies tested exhibited higher levels of ubHC
emissions in comparison to the equivalent test points obtained with an unrestricted exhaust.
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Figure 73: Standard vs. increased exhaust back pressure, ubHC emissions comparison at 1500 rpm, 1.5±0.03
bar GIMEP and 15±0.2 AFR.

The lowest emission case was found for single A CVI, followed by single B CVI. Conversely
the highest emissions levels were recorded for the Single B OVI and Single A OVI. This
reflected the poorest combustion stability found for the OVI cases. The higher back pressure
values highlighted the differences in emission rates between OVI and CVI in a single port.
The unrestricted exhaust showed a difference between the single B OVI and single B CVI
cases of approximately 10% in ubHC emissions. The high back pressure test revealed a
difference of 23% higher ubHC emission levels between OVI and CVI on port B. This result
appears to confirm poorer mixing for the case of single OVI combined with the high level of
back flow.

In comparison to the equivalent cases without increased exhaust pressure, both dual OVI and
single B OVI cases saw ubHC emissions rising by more than 65%. ubHC emissions rose 46%
for the dual and single B, closed injection cases. The higher emission levels were the result of
incomplete combustion caused by the slower flame speed propagation at the low combustion
temperatures. Despite the ubHC emissions increase, considerable benefits were expected to be
achieved in terms of NOx emissions. Simulation results from WAVE predicted a decrease of
52% for these conditions with dual CVI. CVI on side B proved to be the injection method with
a higher degree of tolerance to increased residual gas levels.
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4.9 Conclusions
Independent control of the fuel delivery to the intake ports allowed the investigation of new
port fuel injection strategies. These included single fuel injection, dual fuel injection, multiple
and phased fuel injections. The aim was to improve stable combustion in the region of low
engine load and speed, by promoting charge stratification, without significantly altering the
intake flow patterns. Three engine operating conditions were analysed in detail and compared
with data in the literature.

In parallel, a model of the engine was developed in the Ricardo WAVE software. The model
was tuned to a high degree of accuracy using in-cylinder pressure data. The results of the
model were then used to determine parameters that could not be measured directly, such as incylinder residual gas.

The spark plug gap setting was firstly optimised for improved lean combustion stability. An
increase in the spark plug gap from 0.82mm to 0.92mm improved the lean combustion limit
by approximately 2 AFR’s using conventional fuel injection operation at 1500 rpm and 1.5 bar
GIMEP.

Stratification of fuel and air was achieved by injecting fuel through one single intake port
only. This result is in agreement with results shown by other researchers for similar
combustion chambers. This solution proved to be the best to improve combustion stability at
1000 rpm and 1.0 bar GIMEP, representative of idling. At this operating point, the new
strategy allowed stable combustion to be achieved between an AFR of 14 and 17.5. In a
baseline study, stable combustion was only possible for slightly rich air-fuel mixtures. This is
an important result showing that rich combustion could be avoided at idle with benefits in fuel
consumption.

At 1500 rpm, a single injection in one port only exhibited the fastest combustion burn duration
angles and the lowest exhaust temperatures, but not the best combustion stability. Instead, the
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phased injection strategy extended the lean combustion limits by 4 AFR’s to an upper limit of
nearly 21:1. In addition it revealed the lowest ubHC emissions for the entire range of AFR
tested. It was also concluded that shortening combustion duration did not necessarily improve
combustion stability.

In contrast with 1000 rpm, at 1800 rpm, a single injection on side B resulted in poorer
combustion performance. This was possibly due to a change in the location of the stratified
region with relation to the spark plug gap. The leanest, and most stable combustion was
achieved for an air-to-fuel ratio of 22 at 1800 rpm and 1.8 bar GIMEP, with a phased fuel
injection strategy.

The experimental results showed that identical fuel injection in either port A or port B did not
result in a similar engine performance. The single injection in port B showed better
combustion performance than injection through port A, at 1000 rpm and 1500 rpm but not at
1800 rpm. The main reason was the asymmetry in the tumble air motion, which had been
identified for this cylinder head in previous work (Hadded and Denbratt, (1991) and Begg,
(2003)). However this asymmetrical in-cylinder flow changed at 1800 rpm, where injection
through port B revealed the poorest combustion stability. It was concluded that different speed
and load conditions would require an optimisation of the fuel injection strategies to maximise
the potential for lean combustion stability.

A combustion analysis was performed using the instantaneous in-cylinder pressure data. The
aim was to determine whether a relationship existed between burn parameters and combustion
stability. The longest ignition delays, defined as the number of crank angles from ignition to
10% of the total mass fraction burned, were recorded at 1000 rpm and 1.0 bar GIMEP. This
was due to the reduced air flow, lower combustion chamber temperatures and the high levels
of residual gas left over from previous cycles. The shortest duration of the main combustion
periods, were recorded for 1500 rpm and 1.5 bar GIMEP. This was most likely due to a
favourable combination of intake pressure waves and in-cylinder air flow that generated a
more effective stratification of the fuel and air. In general no correlation between ignition
delay and combustion stability was found. Except at 1000 rpm and 1.0 bar GIMEP were the
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duration of the main combustion period varied with the CoV in GIMEP, the faster combustion
rate exhibited the greatest combustion stability.

Tolerance to residual gas fraction was investigated at 1500 rpm. It was found that single
closed valve injection on port B, maintained combustion stability for in-cylinder residual gas
levels in excess of 30%. Interestingly, closed valve injection on port A also showed good
tolerance to residual gas fraction in terms of combustion stability and showed the lowest ubHC
emission levels. This result suggested that exhaust back pressure could have altered the tumble
characteristics and the intake pressure waves.

A summary of the performance of each injection strategy upon the lean limit for 10%
combustion stability is presented in Table 30.

Speed / Load

Injection Strategy

1000 rpm

Single B Open or

1 bar GIMEP

Multiple Injection B

1500 rpm

Phased Injection or

1.5 bar GIMEP

Multiple Injection B

1800 rpm
1.8 bar GIMEP

Phased Injection

Improved Stable

Baseline Stable

Combustion [AFR]

Combustion [AFR]

[14.0 - 17.8]

< 14.7

[14.0 - 20.8]

[14.0 - 17.5]

[14.0 - 22.0]

[14.0 - 20.5]

Table 30: Summary of optimal injection strategy for the engine speed and part loads tested

In the next chapter the different stratification levels achieved by the new injection strategies
were investigated using an in-cylinder infrared sensor.
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5 Fuel Concentration at the Spark Plug with Infrared
Absorption

5.1 Introduction
In this chapter, the results of an investigation carried out using a LaVision spark plug with an
infrared (IR) absorption fibre optic sensor are reported. This sensor allowed crank angle
resolved measurements of in-cylinder fuel concentration at the spark plug location during fired
operation. In comparison to other optical techniques, such as laser induced fluorescence,
Rayleigh scattering and Raman scattering, this method is advantageous because it can be
directly applied to a standard production engine using pump grade fuel. The disadvantage of
this method is the small area of measurement (spark plug proximity). Nevertheless the fuel
concentration in the vicinity of the spark plug at ignition timing is known to have a strong
impact upon combustion stability. The experiment was aimed at assessing the effect of the
different injection strategies upon the air-to-fuel ratio in the spark plug gap at ignition timing.
The results were analysed in conjunction with the conclusions made in chapter 4.

5.2 Working Principle of the Optical Absorption Probe
The infrared absorption technique has previously been successfully applied to a PFI research
engine, (Grosch et al., (2007) and Kakuho et al., (2009)). The sensor works on the principle
that fuel molecules absorb infrared light at certain wavelengths. The mid infrared region,
between 3µm and 4µm is particularly useful because it is strongly absorbed by hydrocarbon
compounds and not by other molecules present such as O2 and N2. Water molecules also
absorb at this range but the absorption strength is 2 orders of magnitude weaker, (Grosch et
al., (2007)). The absorption signal is strongly dependent upon fuel concentration in the
measurement area. The relation between fuel concentration and the absorption can be
expressed by Lambert-Beer’s law, Equation 5.1.
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I
ln 7 :  1σ · C>?@A · L
I9

Equation 5.1

Where I is the transmitted captured light intensity, I0 is the source light intensity, σ is an
optical absorption coefficient, L is the optical path length and Cfuel is the fuel molar
concentration (number of absorbing molecules per unit volume). As the absorption coefficient
and the optical path length are constants, the fuel molecular concentration can be obtained
from the transmittance (I/I0). The concentration by mass can be obtained by multiplying the
molecular concentration by the fuel molar mass.

The AFR (by mass) was calculated with DAVIS. The exact molecular weight of pump grade
fuel is typically none disclosed by the suppliers. A sample of the used fuel was provided to
LAVision, and calibration factor was produced and included in the software for the specific
fuel used. The intake air temperature and intake air pressure at intake valve timing were also
inputs to the software for the AFR calculation. These parameters where measured in the intake
manifold at intake valve closing time. In this manner the air mass in the optical path could be
calculated by considering the air an ideal gas. Further description can be found in L.A.Vision,
(2009b).

The IR radiation was produced by a tungsten halide lamp. The range was limited by a band
pass filter which covers the absorption band. The optical absorption coefficient of the fuel
varied during the compression stroke (Doppler broadening). However for gasoline fuel this
effect is cancelled out due to the large HC species present in the fuel, which result in a
superposition of the absorption bands of each fuel component. This broadening effect of the
absorption bands dominates over the Doppler broadening, (Grosch et al., (2007)). Therefore
the integrated absorption band is considered independent of pressure and temperature in the
range found during the compression stroke. Two other factors affect the signal; thermal
radiation due to combustion and detector drift. These can be corrected using a chopper wheel
that allows the recording of cycles without IR emission. The signal from these cycles can then
be subtracted from the signal for the cycles where the lamp is emitting IR radiation. Further
details can be found in L.A.Vision, (2009a).
154

Chapter 5

5.3 Results

5.3.1 Fuel Delivery during the Intake Stroke

The tests were performed for different injections at 1500 rpm and 1.5bar GIMEP (KP2). The
test data was processed in the DaVis (LaVision GmbH) software package. A typical plot of the
fuel density signal is shown in Figure 74. The density signal is proportional to the molecular
density, derived from the absorption signal using reference intensity, previously obtained by
running motored cycles (no fuel present in the chamber). The in-cylinder pressure data
obtained for dual closed valve injection at 1500 rpm and 1.5bar GIMEP is also ploted. The
intake valve opening was at -370 CAD and intake closing occurred at -110 CAD. The gas
pressure drop around -360 CAD indicated intake reverse flow, occurring due to the heavily
throttled conditions. The fuel density started to increase at approximately -320 CAD indicating
that some fuel had entered the cylinder. As a denser fuel cloud passed through the absorption
path the signal increased and reached a peak at -275 CAD. At approximately BDC, the
chamber volume was at maximum and the fuel density was at its lowest. In addition, the
forward tumbling motion promoted distribution of the air-fuel mixture throughout the
chamber. The fuel concentration signal began to rise significantly at -120 CAD. As the air-fuel
mixture was compressed more molecules of fuel entered the measurement path.
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Figure 74: In-cylinder pressure trace and relative fuel density signal at the spark plug location.
Dual Close Injection, AFR 14.7, averaged over 300 cycles

The sharp decrease in fuel density indicated the point where the flame front reaches the
measured volume and oxidised the fuel molecules. After the sharp decrease, fuel concentration
registers small increases probably due to unburned air-fuel mixture released from the crevices.

A short assessment of the fuel delivery during intake was carried out for the injection
strategies previously investigated. A comparison of the average fuel density for dual CVI and
dual OVI is shown in Figure 75 for the intake stroke. Only small differences were found
between the two injection modes, at the spark plug location.
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Figure 75: Relative fuel density signal during IVO, at the spark plug location,
Dual Injection, Closed .vs. Open. Global AFR 17.3, averaged over 300 cycles
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Figure 76, shows a comparison between single B OVI and single B CVI for the same period of
the intake stroke. Unlike the dual injection cases, the fuel density during intake at the spark
plug location showed clear differences between the two single injection cases. The 50 CAD
difference between the peaks, was attributed to the distance from the injector tip to the
measurement area (approximately 20cm). With open valve injection, the fuel delivery started
at TDC (intake). The fuel spray travelled 20 cm to reach the measurement location. In the CVI
case, the fuel vapour sat at the back of the valve, entering the chamber as soon as the valve
was opened and there is forward flow. Therefore it was expected to reach the measurement
area first. Similarly to the dual injection cases, phased injection showed no noticeable
differences in fuel concentration at in the spark plug area, regardless of which injector was
performing the open valve injection timing.
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Figure 76: Relative Fuel density signal during IVO, at the spark plug location, single injection on port B,
open .vs. closed valve timing. Global AFR 14.7, averaged over 300 cycles

In Figure 77, a comparison of 300 cycles between closed valve injection and open valve
injection is presented. The recording started with CVI and was then changed to open valve
injection after 130 cycles. The change can be identified by a misfired cycle. The contrast
between the two can be seen particularly at -300 CAD and -200 CAD. The signal drop at
approximately -200 CAD is a result of the expansion and it suggests that the fuel vapour was
moving downwards with the tumble motion. The OVI case did not have a pronounced drop in
the fuel signal during the intake stroke. Possibly due to some fuel droplets not being entrained
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by
y the weak tumble motion,
motion produced under heavy throttled conditions,
condition and remaining in the
vicinity of the spark plug gap.

0.15V

CVI
Misfire

OVI

0.00V

Figure 77: Fuel signal over 300 cycles att the spark plug location.
location
Closed
losed valve in
injection .vs. Open valve injection on port B. Global AFR 14.7.
14.7

A fuel delivery comparison was made between injectors A and B and is shown in Figure 78. In
both cases injection occurred during open valve period.
period Fuel inject
njected through port A reached
the spark plug location at an earlier crank angle than that of injection on port B. This
difference was attributed to the asymmetrical mid-cylinder plane tumble motion observed by
Begg, (2003). However, the
t injector orientation in the port and the targeting accuracy could
also have influenced these results to a lesser effect.
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Figure 78:
78 Relative Fuel density signal during IVO,, at the spark plug location.
location
single open valve injection,
injection port B .vs. port A. Global
lobal AFR 14.7, averaged over 300 cycles
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A second comparison between the two ports is shown in Figure 79, but in this case injection
occurred with the intake valves closed.
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Figure 79: Relative Fuel density signal during IVO, at the spark plug location, single closed valve injection,
port B .vs. port A. Global AFR 14.7, averaged over 300 cycles

As seen for the OVI case, a clear difference was identified between the two sides. With
injection through port A, a higher quantity of fuel reached the measurement area during the
intake stroke. This result indicated that the different fuel path is in fact due to the air motion.
As with CVI the injector orientation and targeting accuracy effects were far less significant.
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5.3.2 Air to Fuel Ratio at Ignition Timing

The local AFR was calculated from the fuel density signal (volts) using the DaVis (LaVision
GmbH) software package. Details on the calculation method can be found in LaVision,
(2009). The calibration was based on the dual closed valve injection case, as this was found to
produce a more homogeneous in-cylinder mixture. The global lambda values were measured
in the normal way with the LA4 lambda sensor located in the exhaust manifold. The local
lambda at the spark plug location was calculated for each fuel injection strategy. Figure 80,
shows a comparison of the local lambda at an ignition timing of 38 CAD BTDC. The global
lambda was 1, the engine speed 1500 rpm and the load was 1.5 bar GIMEP.
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Figure 80: Local lambda in the spark plug area at ignition timing with global lambda 1, 300 cycle average

The results revealed a different fuel concentration for each strategy. Single port, closed valve
injections showed locally leaner than average AFR’s at ignition timing. On the contrary, open
valve injections displayed richer than average fuel concentrations. Single B and single A, OVI
had a local AFR 7% richer than average. This trend could have been the result of a more
heterogeneous mixture. In open valve injection situations, liquid droplets enter the combustion
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chamber and are less likely to be distributed by the tumble motion; particularly weak under the
heavy throttled conditions. For closed valve injection, it is assumed that only fuel vapour
entered the cylinder (hot conditions). The tumble motion entrained the vapour and mixed it
more vigorously with the gases inside the combustion chamber.

A similar comparison was made for leaner (global) AFR of 17.3:1, (λ = 1.18). The results for
the local lambda in the spark plug area at ignition timing are shown in Figure 81. The engine
speed was 1500 rpm and the load 1.5 bar GIMEP, (ignition timing, 42 CAD BTDC).

1.25

1.22
1.17

1.15
LA4
measurement
sensitivity

1.20
1.12

Local lambda

1.15

1.11

1.10

1.10
1.03

1.05
1.00
0.95
0.90
A CVI

A OVI

B CVI

B OVI

DUAL CVI

DUAL OVI Phased B+A

Figure 81: Local lambda in the spark plug area at ignition timing with global lambda 1.18, average 300 cycles

All injection strategies, except injection on port A, showed locally richer than average fuel
concentrations in the spark plug area at ignition timing. Single Injection on port B showed the
richest fuel concentration in the spark plug region at ignition timing. The results showed a
larger difference between port A and B at this leaner AFR, due to the air motion. This
suggested that the tumble motion had a stronger impact upon the fuel distribution, as the AFR
becomes leaner. As seen with stoichiometric fuelling, open valve injection created higher fuel
concentrations at the spark plug than the equivalent closed valve injection. At λ = 1.18 the
AFR’s richer than average (except A CVI), indicated the onset of incomplete combustion. The
emission of unburned hydrocarbons with dual CVI increased by 14% at lambda 1.18 in
161

Chapter 5

comparison to lambda 1. As less fuel was oxidised, more oxygen was present in the exhaust
gas increasing the global AFR reading.

Both AFR’s tested revealed that fuel stratification was achieved by single port injection,
particularly on side B. These results support the conclusions made in chapter 4 based on the
combustion duration and the stability calculations. However, it is interesting to note that
phased injection was not richer than average despite good combustion performance. In fact, it
was ‘locally’ leaner than the dual injection case. This result suggested that fuel concentration
at ignition timing was not sufficient to predict combustion stability.

The CoV in local fuel concentration in the spark plug area at ignition timing was compared
with the CoV in GIMEP at 1500 rpm and 1.5 bar GIMEP and with a global AFR of 14.7:1.
The results are shown in Figure 82. No correlation was found between the two parameters.
The CoV in local AFR was higher for the single injection strategies, particularly for injection
on port B.
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Figure 82: CoV in GIMEP and CoV in local AFR in the spark plug area,
at ignition timing. 1500 rpm and 1.5bar GIMEP, global AFR 14.7, 300 cycles.

Figure 83 shows the CoV in local fuel concentration in the spark plug area at ignition timing,
and the CoV in GIMEP at 1500 rpm and 1.5 bar GIMEP with a global AFR of 17.3:1. The
CoV in local AFR showed a very similar response to the stoichiometric fuelling. This result
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indicated that the main cause of cycle to cycle variations in the fuel distribution was due to the
air motion. Again, the biggest difference between the two CoV’s was observed for single
injection on port B CVI and OVI.
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Figure 83: CoV in GIMEP and CoV in local AFR in the spark plug area,
at ignition timing. 1500 rpm and 1.5bar GIMEP, global AFR 17.3

The dual injections formed a more homogeneous mixture, and less sensitivity to the incylinder air motion. These results suggested that stratified mixtures are more susceptible to
being affected by the mean air speed and turbulent effects of the tumble break up, causing
higher variations in the fuel distribution from cycle to cycle. Comparing the CoV’s obtained
for the two AFR’s tested implied that less throttling lead to increased tumble motion and better
stratification. It would be recommended to test with other speeds and loads to assess how the
CoV in local lambda for single side injections is affected by speed and load.

The CoV’s in GIMEP at a global AFR of 17.3:1 were higher than those recorded with the
standard spark plug. This suggested that the measurement chamber interfered with the incylinder air motion at the spark plug area (drag). Kakuho et al., (2009) observed similar effects
at a similar AFR, where an increase in the COV in IMEP from 15% to 19% was attributed to
the protrusion of the optical spark plug. No significant differences were seen for lower AFR’s.
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5.3.3 Early flame development

The fuel density signals decreased rapidly close to TDC at the end of the compression stroke.
This sharp decrease indicated that the fuel molecules in the absorption path were consumed by
the propagating flame (Grosch et al., (2007)). This fact was used to investigate the early flame
development. The flame front shape, speed and direction are influenced by the mean air
motion and the random turbulent effects, by temperature gradients, by the air-to-fuel ratio and
by the residual gas level. As the engine was kept at 1500rpm for all tests (and the throttle
position did not vary for a constant AFR with each injection strategy), it was assumed that the
average in-cylinder tumble motion and turbulent energy generated during break-up were
approximately constant. For the same reason, the residual gas levels were also considered
approximately constant for a given throttle position. Therefore, as ignition timing and the
distance between the absorption area and the spark plug gap were known, the early flame
propagation speed could be estimated along the path. Any differences observed in flame
propagation speed would be attributed to differences in the local fuel concentration or
temperature gradients (in-cylinder evaporation with OVI) as the other parameters remained
constant. However, the shape of the flame cannot be considered perfectly spherical as it is
stretched by the mean in-cylinder flow motion and wrinkled by turbulent effects. As such the
flame front could propagate in directions other than that of the absorption path.

Figure 84 shows a comparison between closed valve injection strategies and phased injection
for stoichiometric fueling at 1500 rpm and 1.5 bar GIMEP. The injection strategy where the
flame reached the measurement location first was for phased injection (A OVI - B CVI). The
fuel signal started to drop at approximately -11 CAD, which corresponded to a flame
propagation speed of 1.64 m/s. The slowest flame propagation speed calculated was for single
A CVI (1.1m/s). For all cases the flame was assumed to have reached the optical path after a
signal voltage decrease of more than 0.01V.
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Figure 84: Closed valve injection comparison, relative fuel density signal,
AFR of 14.7 at 1500 rpm and 1.5 bar GIMEP.

Figure 85 shows a similar comparison but in this case between the open valve injection
strategies and phased injection for stoichiometric fuelling at 1500 rpm and 1.5 bar GIMEP.
The results were similar to the closed valve injection strategies. The main difference was seen
for Single B OVI, which was the first to see the drop in the fuel signal at approximately -13
CAD, corresponding to an early flame propagation speed of 1.73 m/s. However, the initial
decay rate of the signal was lower suggesting that the air flow motion delivered more fuel to
the measurement probe.
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Figure 85: Open valve injection comparison, relative fuel density signal,
AFR of 14.7 at 1500 rpm and 1.5 bar GIMEP.
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A summary of the ‘local’ early flame propagation speed (from the electrode in the direction of
the infrared absorption path, as shown in Figure 86) local lambda at ignition timing, and the
CoV in GIMEP are shown in Table 31.

Electrode

Absorption
path

Direction of calculated flame speed propagation
Figure 86: Spark plug and optical probe dimensions, bottom view.

Local lambda at

Early flame propagation

CoV in GIMEP

ignition timing

speed [m/s]

[%]

Dual CVI

1.00

1.39

2.8

Dual OVI

0.98

1.26

3.3

Phased (A-OVI; B-CVI)

1.03

1.64

3.6

Single A OVI

0.99

1.20

4.6

Single A CVI

1.07

1.11

5.8

Single B OVI

0.94

1.73

3.5

Single B CVI

1.02

1.36

2.9

Strategy

Table 31: Local lambda and early flame speed propagation for lambda 1 at 1500 rpm and 1.5 bar GIMEP

The injection strategy that generated the richest fuel area at the spark plug (single B OVI) also
had the fastest flame propagation speed. The leanest fuel area at the spark plug (single A CVI)
demonstrated the slowest flame propagation speed. These two results seemed to suggest that
fuel concentration at the ignition timing was the main factor influencing the early flame
propagation speed. However, the intermediate points did not follow this relation. The CoV in
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GIMEP did not scale with the flame propagation speed; the highest CoV in GIMEP was
recorded for the case with the slowest flame propagation speed.

The same investigation was carried out for an AFR of 17.3:1. The results for the closed valve
injection strategies and phased injection at 1500 rpm and 1.5 bar GIMEP are shown in Figure
87. Similarly to the case of stoichiometric fuelling, the fuel in the absorption path was
consumed firstly with phased injection. The early flame propagation speed was very similar at
1.60 m/s. The slowest flame propagation speed was now recorded for the dual closed valve
injection with 0.87 m/s. This result is intriguing as no significant difference was seen in the
local fuel concentration measurements at ignition timing between these two cases.
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Figure 87: Closed valve injection comparison, relative fuel density signal,
AFR of 17.3 at 1500 rpm and 1.5 bar GIMEP.

The results for open valve injection strategies and phased injection at 1500 rpm and 1.5 bar
GIMEP are shown in Figure 88. The results are very similar to those found with closed valve
injection strategies.
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Figure 88: Open valve injection comparison, relative fuel density signal,
AFR of 17.3 at 1500 rpm and 1.5 bar GIMEP.

A summary of the local early flame propagation speed (from the electrodes along the infrared
absorption path) local lambda at ignition timing, and the CoV in GIMEP are shown in Table
32.

Local lambda at

Early flame propagation

CoV in GIMEP

ignition timing

speed [m/s]

[%]

Dual CVI

1.12

0.87

9.5

Dual OVI

1.10

0.81

9.7

Phased (A-OVI; B-CVI)

1.15

1.60

6.7

Single A OVI

1.17

0.98

28.2

Single A CVI

1.22

0.96

21.0

Single B OVI

1.03

1.55

9.7

Single B CVI

1.11

1.34

6.0

Strategy

Table 32: Local lambda and early flame speed propagation for lambda 1.18 at 1500 rpm and 1.5 bar GIMEP
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Overall the flame propagation speeds were lower than those calculated for stoichiometric
fuelling. The injection strategy that generated the richest fuel area at the spark plug (single B
OVI) had a fast flame propagation speed, but not the fastest (or the lowest CoV in GIMEP).
The leanest fuel area at the spark plug (single A CVI) recorded a slow flame propagation
speed (but not the slowest) and a high CoV in GIMEP. These results show that fuel
concentration at ignition timing was an important factor that determined flame propagation
speed. However they do not fully explain the relationship between early flame speed
propagation and the CoV in GIMEP, under these specific engine conditions.

The local variation of lambda at the spark plug area with crank angle was also investigated,
particularly the period shortly after the spark discharge timing. The variation of local lambda
is shown in Figure 89 for a global lambda of 1 at 1500 rpm and 1.5 bar GIMEP.

A CVI
Phased Injection
A OVI
Dual OVI

B CVI
Dual CVI
B OVI

1.15

1.05
1
0.95
0.9
0.85
-50

-48
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-44

-42
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-38

-36

-34

-32

-30

CAD
Figure 89: Temporal evolution of the local lambda at the spark plug area,
global lambda 1 at 1500 rpm and 1.5bar GIMEP, ignition at -38 CAD.

LDA and PIV studies by Begg, (2003) have shown significant air motion inside the
combustion chamber during this crank angle period. The variation observed in the local
lambda revealed the in-homogeneity in the air-fuel mixture distribution inside the chamber,
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for most injection modes. Dual CVI was the only strategy that, despite the air motion in the
chamber, showed a nearly constant local lambda, implying for this case a homogeneous air
fuel mixture. In two cases, single B OVI and phased injection, an increase in local fuel
concentration before and after the spark discharge was observed. These cases corresponded to
the fastest flame propagation speeds. This fact suggested that the mean air flow motion was
delivering more fuel to the spark plug area at the time of ignition. The slowest flame
propagation, recorded for single A CVI, matched the case where the local lambda was the
leanest (and started to increase after the spark timing). These results show that the early flame
propagation speed did not depend only upon the local AFR at ignition timing but upon its
variation with crank angle. It also showed that CoV of local AFR is not a main combustion
controlling parameter especially for global stoichiometric conditions.

The variation of local lambda at the spark plug area with time was analysed at a leaner air-tofuel ratio 17.3:1, shown in Figure 90, at 1500 rpm and 1.5 bar GIMEP.
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Figure 90: Temporal evolution of the local lambda at the spark plug area,
global lambda 1.18 at 1500 rpm and 1.5bar GIMEP, ignition at -42 CAD.
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In a similar manner to the stoichiometric conditions, dual CVI showed the most stable local
lambda with crank angle, indicating a good homogenisation of the mixture. However it
showed the slowest flame propagation. Single injection on port A also displayed slow flame
propagation speeds, and the local lambda increased with time. The fastest flame propagation
speeds where recorded for the single B OVI and phased injection cases. These injection
strategies showed a continuous increase in fuel concentration at the spark plug area during
ignition timing and after. Again, this indicated that the mean air flow motion was delivering
more fuel to the spark plug area at the time of ignition. The only injection strategy that did not
follow this pattern was single A OVI, where the local lambda is decreased but the flame speed
did not.
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5.4 Conclusion
An optical spark plug with an infrared detector resulted in crank angle resolved measurements
of the variation in fuel distribution during the intake and the compression strokes. It revealed
differences in local fuel concentration influenced by the different fuel injection strategies. It
was shown that injections in a single port created fuel stratification in the spark plug area.
However, this effect was dependent upon the interaction between the mean air flow motion
and the fuel injection event.

It was demonstrated that stratified mixtures were more subject to cycle to cycle variations in
fuel concentration at the spark plug area. However these variations were not correlated with
combustion stability at the engine speed and load conditions tested. It was found that the fuel
concentration at the ignition timing was not a suitable parameter to explain the differences
observed in combustion stability, defined as the CoV in GIMEP. Similarly local fuel
concentration at the spark timing could not be linearly correlated with the early flame
propagation speed, along the absorption path.

The most important parameter that influenced the flame propagation speed was found to be the
variation in local lambda with crank angle just after the ignition timing. When the local
lambda decreased with crank angle after the spark discharge, the flame propagation speeds
increased, up to 25%. This result emphasised the importance of air flow motion in the
promoting a stratification zone. It was also indentified that the slowest flame propagation
speeds resulted in the highest CoV’s in GIMEP. However the fastest flame propagation speed
did not necessarily result in the lowest CoV in GIMEP. In agreement with that recorded for
the standard spark plug, where the shortest burn durations did not correlate with combustion
stability.
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6 Combustion with Residual Gas Trapping

6.1 Introduction
This chapter focuses upon achieving homogeneous charge compression ignition using a
production PFI gasoline engine. The application of the previously developed fuel injection
strategies was investigated to assess the potential benefits in HCCI combustion control. The
WAVE model was used to support the investigation.

Achieving and controlling HCCI combustion is a challenging task (see chapter 2). Factors
such as charge composition (air, fuel, exhaust gas), fuel and temperature gradients, cycle
pressure and temperature history, all influence the HCCI process. Typical compression ratios
of SI engines are not sufficient to raise the mixture temperature to the point of auto-ignition.
To achieve compression ignition with the engine used throughout this study (CR of 10.1:1),
compression temperatures would have to be increased by some other means. Several
techniques were developed for this purpose. The benefits and difficulties of implementing the
different methods in a PFI engine were reviewed in section 2.5.3.

The primary strategy selected to raise compression temperatures in this engine, was that of
negative valve overlap (NVO) timing. This valve timing strategy is designed to retain high
levels of hot residual gases inside the chamber. It is commonly applied after initially running
the engine with standard valve timing (SI combustion) to produce hot residual gases. The
transition to HCCI occurs by gradually, (or quickly, in one cycle) adjusting the valve timings
to trap a portion of the hot exhaust gas. In the following cycle the fresh charge has its
temperature increased by mixing with the trapped residual gas in the combustion chamber. In
this way the auto-ignition point can be reached during the compression stroke. Another
important benefit of the residual exhaust gas is as an inert gas during combustion preventing
very fast rates of heat release. In this type of strategy, the valve timings are the variables used
to control the transition between SI and HCCI. These transitions were found to be a complex
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process, requiring combined adjustments of the valve timings, the fuelling and the throttle
position. Examples were given in section 2.5.6.

6.2 Negative Valve Overlap
The engine used during these experiments, had a fixed geometry valve train. Therefore it did
not allow valve timing adjustments during combustion operation. As a consequence, SI-HCCI
controlled transitions could not be performed. The investigation focused upon reaching one
stable HCCI combustion point using a negative valve overlap strategy.

The valve timing adjustments for the NVO strategy were implemented manually. The timing
adjustments were carried out by altering the position of the camshaft pulleys in relation to the
crankshaft. Marks were made on the belt and pulleys to simplify the changes. However, this
method had the disadvantage of restricting the minimum timing adjustment to one tooth of the
pulleys, which corresponded to approximately 18 CAD. The valve lift amplitude and opening
duration were not adjustable. The valve timings investigated are shown in Table 33. Test case
number 1 corresponds to the standard valve timing used for SI combustion. The largest NVO
period tested was case 13, with 86º CAD.
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Exhaust Valve Timing

Intake Valve Timing

Open

Close

Open

Close

Overlap
[CAD]

68º BBDC

12º ATDC

10º BTDC

70º ABDC

+ 22º

10º BTDC

70º ABDC

+ 4º

8º ATDC

88º ABDC

- 14º

26º ATDC

106º ABDC

- 32º

5

44º ATDC

124º ABDC

- 50º

6

10º BTDC

70º ABDC

- 14º

8º ATDC

88º ABDC

- 32º

26º ATDC

106º ABDC

- 50º

9

44º ATDC

124º ABDC

- 68º

10

10º BTDC

70º ABDC

- 32º

8º ATDC

88º ABDC

- 50º

26º ATDC

106º ABDC

- 68º

44º ATDC

124º ABDC

- 86º

Test Case
1
2
3

86º BBDC

4

7

102º BBDC

8

11

120º BBDC

12

6º BTDC

24º BTDC

42º BTDC

13

Table 33: Valve timings used for negative valve overlap

The step changes altered the valve timing combinations as shown in Figure 91. Combustion
occurred at 0 and 720 CAD. The original valve timing used for SI combustion is shown as a
solid line and the negative valve overlap timings are shown as dashed lines.

Original Valve Timing

10

Lift [mm]

8
6
4
2
0
0

180

360

540

720

CAD
Figure 91: Valve timings, original (solid line), negative valve overlap combinations (dashed).
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The effects of the different NVO timings upon the gas exchange process were investigated
using the engine model developed in WAVE. Calculated values, such as compression and recompression pressures, temperatures, and residual gas trapping ratios were analysed for
different operating conditions. The results are reported in the next section. The results
provided a qualitative confirmation of the experimental investigation, as a chemical model for
HCCI combustion was not implemented here.

6.2.1 Simulation of the NVO timing upon the gas exchange process

The simulation results were used to investigate valve timing configurations that would be most
favourable to promote the auto-ignition of the air-fuel mixture. Given that no HCCI
combustion model was available, a motored simulation was performed. The effect of the valve
timings upon in-cylinder pressure are shown in Figure 92, for 1500 rpm with WOT. Peak
pressures during compression varied between13 bar and 22 bar. The re-compression pressure,
during the NVO period, reached 11 bar for the most advanced exhaust valve timings. The
results should be considered in conjunction with Table 33.
25

Case 1
Case 2
Case 3
Case 4
Case 5
Case 6
Case 7
Case 8
Case 9
Case 10
Case 11
Case 12
Case 13

Pressure [bar]
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-180
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540

CAD
Figure 92: In-cylinder gas pressure for motored simulation at 1500 rpm and WOT
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The maximum compression pressure was reached with the least retarded intake valve timing
(18 CAD); cases 1, 2, 6 and 10. The lowest compression pressures matched the most retarded
(54 CAD) intake valve timing cases 5, 9 and 13 of approximately 13.5 bar. For a fixed intake
valve timing, the peak compression pressure showed less sensitivity to the exhaust valve
timing, with approximately 0.2 bar difference between the 3 different exhaust timings tested.
The exhaust valve timings were related to the re-compression pressures. The minimum
advance for the exhaust timing was 18 CAD which generated a re-compression pressure of
approximately 4 bar (test cases 2 to 5). The maximum advance for the exhaust valve timing
corresponded to 54 CAD and generated a re-compression pressure of approximately 11 bar
(cases 10 to 13). Changes to the intake valve timing seemed to cause little variations to the recompression pressures, with the peak pressure varying by approximately 0.3 bar between all
of the intake valve timings tested.

The gas exchange processes were also evaluated for fired conditions. A Wiebe function, as
shown in Equation 6.1, was used to simulate combustion and assess the levels of exhaust gas
trapping and the volumetric efficiency for each test case. Since this function did not take into
account the different reactions in HCCI combustion the results have to be interpreted
qualitatively.
IJKL MFOD
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Equation 6.1

Where MFB is the mass fraction burn, Bdur is the combustion duration (10%-90%) set to 25
CAD and Wexp is the Wiebe exponent set to 2. Finally the parameter Wp is calculated by
WAVE to allow the Bdur to reach the define point, with base on the user defined location of
50% mass fraction burn, set to 10 CAD ATDC, and the user defined ignition timing, set to 30
CAD BTDC (RICARDO, (2008)).
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Each simulation was run with WOT at 1500 rpm. The results are shown in Figure 93, refer to
Table 33 for cases. The simulation showed relatively low levels of residual gas trapping, with
37% for the largest NVO interval at 1500 rpm and WOT.
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Residual gas [%]
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80

Volumetric efficiency [%]
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13

Case
Figure 93: Variation of trapped residual gas level by mass and volumetric efficiency.
1500 rpm and WOT, WAVE simulation.

The level of residual gas increased as the exhaust valve timing was advanced. However, due to
the fixed camshaft profile (lift duration) the exhaust valve also opened earlier, reducing the
power stroke. For the maximum exhaust valve advance (54 CAD in cases 10 to 13) the power
stroke was shortened to 60 CAD. Re-compression caused higher in-cylinder pressures at
intake valve opening. To avoid high levels of intake reverse flow, the intake valve timing was
retarded. Intake valve timing was retarded to a maximum of 54 CAD (cases 5, 9 and 13). It
reduced the compression stroke to 56 CAD, lowering the volumetric efficiency, as shown in
Figure 93, and thus the effective compression ratio. The level of residual gas trapping could be
controlled by the exhaust valve timing. However, to be more effective it would require a
variable opening duration. A similar controlling process was shown by Matthews et al.,
(2005), using a variable valve train.
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Further investigation was carried out for the 3 test cases (11, 12, 13), that exhibited the highest
levels of residual gas trapping.

800

Temperature [K]

700
Case 1
Case 11
Case 12
Case 13
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-180
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-80

-60

-40

-20

CAD
Figure 94: Compression temperatures, cases 1, 11, 12 and 13 combustion simulation at 1500 rpm and WOT

Compression gas temperatures for test cases 1 and 11 to 13 are shown in Figure 94. The
highest compression temperatures were found for case 11; with 100°C higher than case 1.
Case 13 showed an interesting trend. It had the highest residual gas percentage which was
reflected in the highest in-cylinder temperature at BDC. However, due to the late intake valve
closing, the effective compression ratio was diminished and the compression temperatures
were lower. The results suggest that case 11 and 12 were more likely to reach higher
compression temperatures. Albeit the simulation’s qualitative result it exposed the difficulties
of performing HCCI combustion with NVO using a standard valve train.
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6.2.2 Experimental Results for investigation of negative valve overlap
timings

The initiation of combustion with a NVO timing requires spark ignited flame propagation to
occur in the first cycle so that high combustion temperatures are reached. When this occurs,
the trapped hot residual gases can promote auto-ignition conditions during the compression
stroke of the second engine cycle. This is an ideal situation that is hard to achieve particularly
under cold conditions. Furthermore, if compression ignition is achieved in the second cycle it
must generate sufficient hot residual gases to sustain the following compression ignition
cycles. Santoso et al., (2005b) found that a robust transition from SI to HCCI required the load
to be within a stable HCCI working regime (>1.5 bar to <3.5 bar BIMEP at 1500 rpm).
Operation close to the boundary transitions resulted in misfire.

In this study, cases 11, 12 and 13 were investigated (refer to Table 33). The controlled
variables during fired operation were the engine speed, the spark timing and the fuel delivery
(port fuel injection). The throttle was maintained wide open for all tests. The intake
temperature was ambient room temperature (approximately 22°C). the coolant temperature
was maintained at 85±3°C. The compression ratio was 10.1:1 and the fuel was BP 95 RON
pump grade.

For case 11 (negative valve overlap of 50 CAD), combustion was found to be unstable for
most of the AFR’s investigated. Stability was only achieved with stoichiometric fuelling, and
advanced spark timing (48 CAD BTDC). The load was 3.3bar GIMEP with a CoV of 5.6% at
1500 rpm. The relatively low load was a consequence of the low volumetric efficiency of
49%, identified by simulation for this valve timing. It was also caused by the slower flame
propagation due an estimated 25% exhaust gas residual level. This residual gas level did not
result in auto-ignition. However it was sufficient to increase the knock resistance, with rates of
pressure rise lower than 1.5 bar/CAD for advanced spark timing. Similar results were found
for case 12; in both cases compression ignition was not achieved. Case 13 did not show stable
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combustion, and mostly misfired at 1500 rpm. This was due to the combination of high levels
of residual gas and poor volumetric efficiency.

Comparing the level of residual gas used in other experimen
experiments with that obtained by simulation
for these valvee timing configurations, showed that they were not sufficiently high to promote
auto-ignition conditions at 1500 rpm. Wagner et al., (2006) using a similar engine and a NVO
strategy found that only with internal EGR levels in excess of 50% was it possible to achieve
stable HCCI combustion. For residual gas trapping levels between 30 and 50% unstable
combustion was recorded, with cycles alternating between slow burn rates and excessively
high rates of heat release (knocking cycles)
cycles).

Similarly Glewen et al., (2009) found

combustion instability between 40 and 50% EGR with SI and HCCI combustion occurring
simultaneously or in an alternated manner.

In this Study HCCI combustion was not achievable for this engine configuration
configura
at 1500 rpm,
and WOT and NVO. To do so, the level of residual gas trapping had to be increased.
Therefore one of the exhaust valves was deactivated to restrict the exhaust flow area. In
addition, to
o reduce intake backflow and to increase the effective compression ratio,
ratio one of the
intake valves was also deactivated. These results are reported in the following sections. The
valves were deactivated opposite to each other, as shown in Figure 95. With a NVO
configuration,
ration, diagonal or opposite valve deactivation should not produce significant
differences in scavenging or air flow motion during combustion, as no po
positive valve overlap
occurs.
Spark
Plug

Valves
Deactivated

Port A

Port B

Figure 95: Valve deactivation scheme.
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6.3 Investigation of a Valve Deactivation Strategy

6.3.1 SI Combustion with Valve Deactivation

The effects of valve deactivation were firstly investigated on standard SI combustion. An AFR
swing was performed at 1500 rpm and 1.5 bar GIMEP. The engine’s response is shown in
Figure 96, where the 2 valve operation is compared against the 4 valve mode for the same test
points.
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2 Valve port B CVI

CoV in GIMEP [%]
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4 Valve Single B CVI
4 Valve Dual CVI
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5

0
14

15

16

17

18

19

20

21

AFR
Figure 96: Mixture response 2 valve .vs. 4 valve comparison at 1500 rpm and 1.5 bar GIMEP

It was not an unexpected result that valve deactivation produced a deterioration in combustion
stability, for this particular load and speed. Stability limits (CoV in GIMEP > 10 %) were
reached at an AFR of approximately 17:1. However this result was consistent with that of the
original intake duct with a single injector and 4 operating valves. In comparison, the split
intake manifold with 4 operating valves showed stable combustion up to an AFR of
approximately 19.5:1.
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The ignition delays calculated for these test points are shown on Figure 97. The greatest
ignition delays correlated well with the poorer combustion stability found with 2 valve
operation. The mass fraction burn angles showed considerably slower flame propagation,
particularly at stoichiometric fuelling.

2 Valve port B CVI
55

4 Valve Single B CVI
4 Valve Dual closed

50

Original Intake Config

CAD

45
40
35
30
13.5

14.5

15.5

16.5

AFR

17.5

18.5

19.5

20.5

Figure 97: Ignition delay, burn duration of ignition to 10% mfb,
comparison between 2 valve and 4 valve operation, 300 engine cycles.

The duration of the main combustion (10% to 90% mfb) is shown on Figure 98. The 2 valve
mode showed a marked difference; 5 to 8 CAD slower when compared with the original
intake manifold. These results suggested that higher percentages of exhaust gas were trapped
by the deactivation of one exhaust valve, confirming the simulation predictions and showing
that valve deactivation could be used to increase internal EGR.
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Figure 98: Main combustion duration 10 % to 90% mfb,
comparison between 2 valve and 4 valve operation, 300 engine cycles

The slower combustion duration results may have not been only due to higher residual gas
levels. Intake valve deactivation has been used before to introduce a swirl component altering
in-cylinder air motion and the turbulence level, with the purpose of increasing combustion
stability. However this effect can impact negatively upon the early flame propagation and the
main combustion phase. In addition it can alter the fuel stratification near the spark plug or
cause high turbulence levels increasing heat losses. In cases like the Honda V-TEC or the GM
twin-port, intake valve deactivation was used to increase combustion stability at low speeds
and low loads, but both exhaust valves remained active.

6.3.2 Simulation results for NVO with valve deactivation

The effects of valve deactivation combined with a NVO strategy upon exhaust gas trapping
and re-compression pressures were evaluated with the WAVE model. The peak in-cylinder
pressures reached with 2 valves and 4 valves were compared at 1500 rpm and WOT for the
valve timing cases 10 to 13. The maximum motored compression pressures increased by
approximately 5% for all cases operating with only 2 valves. The re-compression pressures
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showed a more significant increase; 18% on average for cases 10 to 13 due to a higher
percentage of trapped exhaust gas.

A motored run of test case 11 was used to compare 4 valve operation with 2 valve operation.
The measured pressure traces are shown in Figure 99 and compared with those achieved by
simulation in WAVE. The simulation results showed the increase in residual gas trapping
achieved by valve deactivation. The simulation modelled the recompression phase. However
the maximum compression pressure was 1.7 bar lower than that found by simulation, possibly
due to mass losses through the piston rings (blow-by).

4 Valves
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2 valve Experimental trace

Pressure [bar]

15

2 valve simulation trace

12
9
6
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0
-180
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180
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CAD
Figure 99: Pressure trace, experimental comparison
2 .vs. 4 valve, motored run at 1500 rpm and WOT case 11.

A combustion simulation was performed using a Wiebe function as described in Equation 6.1.
The inputs were the same, except for Bdur (combustion duration 10%-90%) set to 28 CAD.
The 4 and 2 valve operating modes were compared at 1500 rpm, operating at wide open
throttle. The simulated residual gas trapping levels and the volumetric efficiency results are
shown in Figure 100, for test cases 10 to 13. The residual gas trapping increased for all test
cases with NVO. Case 11 had the highest increase (16%) in residual gas level with a total of
34%. The highest exhaust trapping level was recorded for case 13 with 41%.
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Figure 100: Comparison of the trapped residual gas level and volumetric efficiency for 2 and 4 valve
operation, combustion imposed by a Wiebe function, 1500 rpm and WOT.

As a result of the higher residual gas levels, compression temperatures also increased. The
simulation showed a 7% increase in compression temperatures than those obtained with 4
active valves, (shown in Figure 94) for similar combustion conditions. The volumetric
efficiency did not vary significantly, and similarly to the 4 valve mode it decreased with the
increase in the negative valve overlap period. This decrease was accentuated by the fixed
camshaft geometry
The simulation results showed that valve deactivation could be used to increase compression
temperatures when combined with a NVO strategy, by retaining higher exhaust gas levels.
This conclusion is in agreement with Stuart Daw et al., (2007). They investigated the
transitions between SI and HCCI combustion using negative valve overlap, running at
stoichiometric conditions, with one exhaust valve and one intake valve deactivated. In the next
section, the conclusions of the simulation study were implemented in an experimental study of
NVO with valve deactivation for best cases 11 and 12.
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6.3.3 Experimental results for NVO with valve deactivation

The effects of valve deactivation combined with the NVO strategy were investigated
experimentally. The tests were carried out at 1500 rpm and WOT for the valve timings case 11
and 12. Both test conditions showed a similar response. At 1500 rpm, highly unstable
combustion with misfires and some knocking cycles was found for AFR’s between 14:1 and
18:1. To reduce the time available for the residual gas to exchange heat with the cylinder walls
the engine speed was progressively increased. The AFR was maintained between 15:1 and
16:1. At 1900 rpm, 16:1 AFR and spark timing of 40 CAD BTDC, combustion was still
unstable with a GIMEP of 2.5 bar and a CoV in GIMEP exceeding 20% (case 11). However
complete misfires were no longer observed. Increasing the fuelling further to AFR’s lower
than 15.5:1, increased the GIMEP to 3.5 bar and the CoV decreased to less than 5%. Highly
advanced spark timing was used for these combustion points; 50 CAD BTDC for case 11 and
60 CAD BTDC for case 12 (30 CAD BTDC with standard valve timing). The maximum rate
of pressure rise averaged over 300 cycles was 1.8bar/deg and 1.9bar/deg for cases 11 and 12
respectively. The average pressure traces for case 11 and 12 are shown in Figure 101.
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Figure 101: In-cylinder pressure trace at 1900 rpm, case 11 and 12.
AFR of 15.5 and WOT, averaged over 300 cycles
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The average pressure traces did not show the steep pressure rises, characteristic of HCCI
combustion. It suggested that the trapped residual gas fraction was insufficient, or too cold, to
raise the intake charge temperature to the point of auto ignition during late compression.

The 300 cycle average burn angles revealed very long ignition delays, (38 CAD for case 11
and 39 CAD for case 12) compared to 29 CAD for standard valve timing at the same load. The
main combustion duration, on the contrary, was faster than that recorded with standard valve
timings at equivalent speed and load, (19 CAD for case 11 and 22 CAD for case 12) compared
to 25 CAD for the standard valve timing case.

The slow propagation speed of the early flame was a consequence of the high residual gas
content. The shortened main combustion phase suggested that a percentage of the mixture
auto-ignited. It has been seen by some researchers that a small amount of heat released by the
early flame propagation could be sufficient to trigger controlled AI. To investigate this
hypothesis, some individual cycles were analysed. Examples of pressure traces from the 300
cycles recorded are plotted in Figure 102 for case 11.
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Figure 102: In-cylinder pressure trace, individual cycles and average, case 11.
1900rpm WOT, spark timing at 50 CAD BTDC, AFR 15.5.
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The in-cylinder pressure traces varied noticeably from cycle to cycle, with a CoV in peak
pressure of 8.2%. Some traces exhibited knocking characteristics with a 4.1bar/deg maximum
rate of pressure rise. However other cycles showed very low peak pressures typical of slow
combustion or partial burns, suggesting that the residual gas level was insufficient to obtain
controlled auto-ignition.

A single zone combustion model, expressed by Equation 6.2 was used to calculate the heat
release rates of individual cycles.

∂Qhr  γ
∂V
1
∂P   ∂Qw 
= 
P
+
V
 + 

∂θ
 γ − 1 ∂θ 1 − γ ∂θ   ∂θ 

Equation 6.2

Where dQw represents the heat transfer to the wall, P is the in-cylinder pressure, V the cylinder
volume and. The net heat release is given by (dQhr - dQw), neglecting the crevices. Gamma
was set to 1.3, the angle variation dθ was 1 CAD.
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The instantaneous heat release rates of the sample cycles are shown in Figure 103.
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Figure 103: Instantaneous heat release rates of single cycles, case 11. 1900rpm, WOT, AFR 15.5:1

Cycles 55, 71 and 164, Figure 103 (f), (d) and (e), showed two distinct phases in the rate of
heat release. The initial heat release rate was typical of slow flame propagation; the higher
heat release rate was more characteristic of controlled AI. Cycles 47 and 132, Figure 103 (c)
and (a) exemplified slow heat release rates. In these cases, if auto-ignition had occurred it was
over a small fraction of the in-cylinder charge.
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It was concluded that this valve timing combination did not trap sufficient in-cylinder residual
gas to promote controlled AI in every cycle. The residual gas fraction was also insufficient to
ensure smooth heat release rates; e.g. cycles 279 and 164 showed knocking characteristics.

The individual pressure traces were also investigated for case 12. Some examples are shown in
Figure 104, for fixed spark timing. The CoV in peak pressure was 8.9%. The traces such as
revealed by Figure 106 show lower knock intensities. Despite this, some cycles reached rates
of pressure rise of 4.5bar/deg, indicating that auto-ignition occurred for some cycles. There
was a small increase in the trapped residual gas fraction, of 3% compared to case 11,
according to the simulation.
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Figure 104: In-cylinder pressure trace, individual cycles and average, case 12.
1900rpm, WOT, spark timing at 60 CAD BTDC, AFR 15.5.

The heat release rates of individual cycles were analysed. Several cycles representative of the
heat release rates over the 300 engine cycles are shown in Figure 105. The average heat
release rate did not have characteristics typical of controlled AI. Cycles 27 and 39, Figure 105
(e) and (d), for example showed low heat release rates, indicating slow flame propagation, and
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no indication of controlled AI. Cycle 2, revealed a defined two stage combustion, with (slow)
flame propagation during compression and TDC, followed by a second phase indicative of
smooth auto-ignition. The heat release rates of cycles 1, 25 and 293, Figure 105 (a), (c) and
(f), indicated that partial compression ignition occurred early in the cycle followed by a larger
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Figure 105: Heat release rates of single cycles, case 12. 1900rpm, WOT, AFR 15.5:1
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For these engine conditions with approximately 33% residual gas trapping, combustion
occurred in an unstable zone between SI and spark assisted HCCI, reported by Daw et al.,
(2007). This instability was reflected in the variations of the maximum rate of pressure rise as
shown in Figure 106 for 300 consecutive engine cycles.
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Figure 106: Maximum rate of pressure rise, case 12. 1900 rpm, WOT and AFR of 15.5:1.

The CoV in the maximum rate of pressure rise was 40.4%. Equally unstable was the location
of peak pressure with a CoV of 31.7%. These results show that CoV in GIMEP was not
sufficient to evaluate spark assisted HCCI combustion, particularly in the transition region.
Similar conclusions were made by Choi et al., (2009).

Standard SI valve timing and the test cases 11 and 12 (50 and 68 CAD of negative valve
overlap) were compared in terms of angle of peak pressure versus maximum rate of pressure
rise. The results obtained over 300 cycles are presented in Figure 107 where the circular area
represents the stable HCCI region observed by Daw et al., (2007) using a similar engine
configuration with more than 50% exhaust gas trapping.
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Figure 107:: Maximum rate
rate of pressure rise .vs. location of peak pressure for case 11, 12 and standard valve
timing. The dashed circular area represents the zone of stable HCCI operation observed by Daw et al., (2007)

The results indicate that combustion was entering a region of transition with spark assisted
auto-ignition starting to occur. The transition region was characterised by a residual
r
gas
fraction that was not sufficiently high (and its temperature too low) to produce compression
ignition. But was high enough reduce the flame propagation speed or even stop it. Slow flame
propagation reduced the load produced and the cycle efficiency
ency but it generated hot exhaust
gases at the end of the expansion stroke. The hot trapped gases increased
increase the chances of the
following cycle undergoing compression ignition, and therefore faster heat release rates. The
faster combustion was more efficient but produced cooler exhaust gases by the end of the
expansion stroke thereby reducing the chances of controlled AI in the following cycle. If a
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partial burn or a misfire occurred, it was followed by a rich SI combustion event that
potentially caused very fast heat release rates and (knock).
Despite some cycles revealing auto-ignition characteristics using very advanced spark timing,
it was concluded, that stable HCCI combustion could not be achieved with these
configurations, at speeds below 2000 rpm. The result obtained in case 12 was the most
effective for auto-ignition. However the trapped residual gas level was too low to initiate
subsequent controlled AI cycles and combustion stability.

In the next section, the results of reducing the valve lift as a means to further increase the
residual gas fraction are presented.
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6.4 Reduced Valve Lift - HCCI Experiments
To increase the residual gas fraction and the peak compression stroke gas temperatures, the
valve lift was reduced. The lift reduction was achieved by reducing the valve stem length.
Wave simulations suggested a suitable peak lift would be approximately 4 mm to trap more
than 50% residual gas at 1500 rpm. This value is in agreement with other publications where
similar lifts were used to achieve HCCI combustion with a NVO strategy. The peak lift was
initially reduced from the original 9.8 mm to approximately 6 mm, as shown in Figure 108, to
validate the accuracy of the simulation predictions against engine response.

10
Exhaust Timing
Intake Timing

Lift [mm]

8

6

4

2

0
0

180

360

540

720

CAD

Figure 108: Valve timings profile, original lift (9.8mm) and cut valves (6 mm).
360 CAD corresponds to TDC non-fired.

The valve timings for the reduced lift (RL) are given in Table 34. Test case 1_RL was carried
out at 1500 rpm, 1.5 bar GIMEP (KP2) to evaluate the engine’s response versus the standard
valve lift. Despite the NVO of 45 CAD no significant differences were observed in
combustion stability and duration.
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Test Case_
Reduced Lift (RL)
1_RL
11_RL
12_RL

Exhaust Valve Timing

Intake Valve Timing

Open

Close

Open

Close

Overlap
[CAD]

40º BBDC

25º BTDC

20º ATDC

32º ABDC

-45º

94º BBDC

79º BTDC

38º ATDC

50º ABDC

-117 º

56º ATDC

68º ABDC

-135º

Table 34: New valve timings with lowered peak lift

In test case 11_RL the negative valve overlap period was increased by 67 CAD over the same
timing with standard lift, to a total of 117 CAD. The WAVE simulation predicted an increase
in the residual gas trapping levels to a total of 44% at 1500 rpm, for the 6mm peak lift.

Combustion was initiated with advanced spark timing, as for the two valve mode. In this case,
this produced high combustion instability with misfires and alternating knocking cycles.
Retarding the spark timing to less than 30 CAD BTDC made it possible to achieve stable
combustion. However, retarding the spark timing caused increased signal noise interference,
reducing the scope of the investigation considerably. A limited set of test points were
recorded.

Case 11_RL was carried out at 1500 rpm where the GIMEP reached 3.9 bar with a CoV of
4.5%. The AFR was 15.6:1 with WOT and the spark timing set to 30 CAD BTDC. The
average gas pressure trace is shown in Figure 109. The re-compression showed higher
pressures (10 bar) in comparison with the test case 11 in 2 valve mode (7 bar), confirming a
higher level of residual gas trapping. The exhaust temperature measured in the manifold was
547°C.
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Figure 109: Average In-cylinder pressure trace, case 11_RL.
3.9bar GIMEP at 1500 rpm, spark timing at 30 CAD BTDC and AFR 15.6

The average peak pressure was 29.2 bar with a CoV in peak pressure of 16.8%. The ignition
delay was longer than that observed with standard valve timing case. The main combustion
phase had a similar duration to the standard valve timing. Single cycle pressure traces revealed
pressure gradients typical of auto-ignition as well as others of slow flame propagation.
Examples are given in Figure 110.
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Figure 110: In-cylinder pressure trace, single cycles and average, case 11_RL.
3.9 bar GIMEP at 1500 rpm, WOT, spark timing at 27 CAD BTDC, AFR 15.6
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The results were similar to those recorded with the 2 valve for case 11 at 1900 rpm but
achieved at 1500 rpm. The maximum rate of pressure rise was 1.44 bar/CAD. This was lower
than test case 11 in 2 valve mode. The increase in residual gas trapping due to the lower valve
lift improved combustion stability at 1500 rpm. Yet, did not enable repeatable spark assisted
HCCI combustion.

To reduce the heat losses between the trapped exhaust gas mass and the cylinder walls, the
engine speed was increased to 1600 rpm. The AFR was maintained at 15.6:1 for comparison.
The trapped residual gas mass was increased to 47%, according to the WAVE simulation.
Again, an initial phase of instability was followed by stable combustion with a GIMEP of 4.1
bar and a CoV of 2.9%. The exhaust gas temperature was 559°C. Ignition timing was set to
25CAD BTDC. The average in-cylinder pressure trace is shown in Figure 111.
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Figure 111: In-cylinder pressure traces of spark assisted HCCI at 1600rpm, case 11_RL.
AFR of 15.6 and WOT, averaged over 300 cycles.
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In this case the pressure trace showed some characteristics of auto-ignition with a maximum
rate of pressure rise of 2.49 bar/CAD. The average peak pressure was 32.7 bar with a CoV in
peak pressure of 13.2%. The ignition delay was similar to the standard valve timing case. The
main combustion phase was significantly faster; 15 CAD compared with 22 CAD for the
standard valve timing case. The pressure traces typical of individual cycles are shown in
Figure 112.
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Figure 112: In-cylinder pressure trace, single cycles and average, case 11_RL.
1600 rpm, WOT, spark timing at 25 CAD BTDC, AFR 15.5.

The average maximum rate of heat release and the main combustion duration showed that a
small increase in engine speed and retarded spark timing were sufficient to promote AI in
every cycle. Knocking combustion occurred in some cycles but with lower intensity than test
case 11, in 2 valve mode. The maximum rate of pressure rise, over the 300 cycles is shown in
Figure 113. This varied considerably with a CoV of 44.8%. The maximum rate of pressure rise
was 7.0 bar/CAD and the minimum was 0.7 bar/deg.
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Figure 113: Maximum rate of pressure rise, case 11_RL.
4.1 bar GIMEP at 1600 rpm, WOT and AFR of 15.5:1.

The average heat release rates obtained, using Equation , at 1500 rpm and 1600 rpm are shown
in Figure 114. The heat release obtained for an equivalent load with standard valve timing is
shown for comparison.
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Figure 114: Heat release rates average over 300 cycles, SI combustion .vs. spark assisted HCCI combustion
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The heat release rate and the corresponding burn durations showed significantly faster
combustion for the test case 11_RL at 1600rpm, revealing characteristics of auto-ignition. This
speed and load point was inside the HCCI region obtained by Milovanovic et al., (2005) using
a similar compression ratio of 10.5:1, NVO and pump grade fuel.

It was concluded that a further retardation of the spark timing and an increase in engine speed
could be used to promote higher temperatures in the exhaust gas and a reduction in the CoV in
maximum rate of pressure rise. However, practically moving the spark timing closer to TDC
caused electrical disruption to the acquisition signals and to the interface boxes. Furthermore,
every adjustment to the spark timing implied a couple of cycles without ignition. These caused
a period of instability and subsequently intermittent high rate of pressure rise.
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6.5 Conclusion
HCCI combustion was investigated in a single cylinder PFI gasoline engine. Spark assisted
HCCI combustion was achieved at 1600 rpm and 3.6 bar IMEP using a negative valve overlap
strategy. The valve lift was reduced in order to increase the residual gas trapping level further.
It was shown that, spark assisted HCCI combustion could be achieved using a NVO strategy
without altering the valve timing during operation and reaching a CoV in GIMEP of 3%.
However, this required a motored engine start and led to an unpredictable periods of highly
unstable combustion with maximum rates of pressure rise of 10bar/deg. The lack of
continuous valve timing control and the use of standard SI camshaft profiles, limited the HCCI
combustion regime. This occurred regardless of the injection strategy applied. It was
concluded that the CoV in GIMEP alone was not sufficient to describe combustion stability,
particularly in the case of spark assisted HCCI combustion.

The exhaust valve closing angle influenced the percentage of residual gas trapping and the
intake valve closing angle determined the volumetric efficiency. It was concluded that
retarding the spark timing could be used to raise the exhaust gas temperature and improve
stable controlled auto-ignition operation. Further retardation of the spark timing could lead to
self-sustaining compression ignition if sufficient residual gas was trapped. Further testing
would be required to prove this hypothesis.

The results suggested that HCCI combustion could benefit from valve deactivation in
combination with low valve lift by reducing the duration of the NVO phase. Potential benefits
in terms of heat losses and pumping losses would require further investigation.
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7 Conclusions
Fuel and air mixture stratification can be achieved in PFI engines by the use of independently
timed port fuel injection strategies. The literature review identified benefits of stable lean
combustion, such as lower pumping losses, higher combustion efficiency and lower emissions,
particularly of NOx. The difficulties in the implementation of stable, lean combustion in a PFI
engine were also identified; poor combustion stability, particularly at low engine loads and
idle conditions. In addition, the difficulties in achieving control of the in-cylinder mixture
formation for stratified operation were reported. However, it is acknowledged that lean
combustion, supported by fuel stratification is an efficient method to improve engine
efficiency and reduce emissions.

In this study, developed in a single cylinder research engine (RICARDO MK I Hydra) adapted
from a 4 cylinder Volvo production (B234) engine, unique port fuel injection strategies were
developed to improve the lean combustion stability limits. The 2 valve intake port was divided
into two equal tracts, namely port A and port B. Each side of the divided port was equipped
with a fuel injector so that each intake valve had independent fuel delivery. No modifications
to the combustion chamber or the cylinder head were made. Some research groups achieved
fuel stratification in port fuel injected engines, using open valve injection or single side port
injection. This investigation explored and combined both options creating new split phased
injections. The new strategy was developed to take advantage of a lean homogeneous air-fuel
zone on one port and combine it with a richer stratified area at spark plug caused by an open
valve injection on the other side. To understand the effects of the different injection strategies
upon the global and local air-to-fuel ratios, and combustion performance, an AFR swing was
performed for each case. In parallel a Ricardo WAVE model was developed to complement
the experimental investigation. The study was extended for three different engine speeds and
loads.

For an in-depth understanding of the results and the physical process, a spark plug with
infrared detection was applied to the engine. Fuel stratification was confirmed, and different
flame propagation speeds were recorded. It was seen that the variation of fuel concentration
204

Chapter 7

with crank angle at the spark plug area was of particular importance for early flame
development stage. The increased combustion stability found under lean conditions, was also
identified for high levels of EGR. A higher combustion tolerance to burnt exhaust gas
confirmed using high exhaust back pressure levels. This tolerance to high EGR levels, led to
the hypotheses that these injection modes could be extended and applied to improve
homogeneous charge compression ignition. The WAVE model was particularly important
being used to calculate the residual gas levels at different valve timings and lifts.

In the first instance, low load engine combustion performance was evaluated at three different
operating conditions; namely, 1000 rpm and 1.0 bar GIMEP, 1500 rpm and 1.5 bar GIMEP
and 1800 rpm and 1.8 bar GIMEP. These results were initially compared with a set of baseline
results obtained in a previous study by Ricardo Consulting Engineers and reported in the
literature. A WAVE simulation model was developed and tuned to accurately predict the
baseline engine performance. The model gave confidence to unmeasurable parameters, such as
EGR rate and air flow speeds. The experimental results were analysed, mass fraction burns
and coefficient of variability were used to characterise combustion stability. The injection
strategies developed improved combustion stability at low engine load and speed conditions.
They showed that the engine could be operated with a higher degree of charge dilution. Lean
combustion limits were improved for each engine condition tested. At 1000 rpm and 1.0 bar
GIMEP, the lean combustion limit was extended from a 14:1 air-to-fuel ratio (AFR) to 17.5:1.
At 1500 rpm and 1.5 bar GIMEP, the lean combustion limit was extended from 17.5:1 to
approximately 21:1 AFR. At 1800 rpm and 1.8 bar GIMEP, lean combustion was improved
from 21:1 AFR to 22:1. Phased injection was found to show good combustion stability with
lower unburned hydrocarbon emissions.

In addition the results indicate that these strategies can be used under conditions where high
levels of EGR are used. It was found, for 1500 rpm and 1.5 bar GIMEP conditions, that single
closed valve injection on port B, maintained combustion stability for in-cylinder residual gas
levels in excess of 30%. And the burn rates were only 13% slower comparison to 47% slower
with the standard injection. Engine out emissions of NOX could be reduced significantly,
however results obtained with a flame ionisation detector revealed some deterioration in ubHC
emissions.
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Secondly, an optical spark plug device, incorporating an infrared detector was used to make
crank angle resolved measurements of local fuel concentration in the region of the spark plug
gap. In particular, the impact upon the early flame development period, an important indicator
of combustion performance, was analysed. The optical study revealed differences in local fuel
concentration (in the direction of the sensor orientation) that were influenced by the different
fuel injection strategies. It was shown that injections in a single port created fuel stratification
in the spark plug area. However, this effect was dependent upon the interaction between the
mean air flow motion and the fuel injection event. It was demonstrated that stratified mixtures
were more susceptible to cycle to cycle variations in fuel concentration in the spark plug
region. However these variations were not correlated with combustion stability, defined as the
CoV in GIMEP, at the engine speed and load conditions tested. Also, it was noted that the fuel
concentration in this region at ignition timing was not a suitable parameter to characterise the
differences observed in the combustion stability. Similarly, local fuel concentration at the
spark ignition timing could not be linearly correlated with the early flame propagation speed,
along the detector absorption path. Importantly, the phased injection cases revealed a low
sensitivity to variation in the AFR’s along with better combustion stability.

The most important parameter that influenced the flame propagation speed was found to be the
variation in local air-fuel ratio with crank angle directly following the ignition timing. When
the local air-fuel ratio decreased with crank angle, after the spark discharge, the flame
propagation speeds were increased up to 25% in comparison to a constant local AFR, for a
global lambda 1. The difference in flame speeds was even higher for a global AFR of 17.3, up
80% faster in comparison with a constant local AFR. These results emphasised the importance
of air flow motion in promoting a repeatable, stratified, air-fuel zone. It was indentified that
the slowest flame propagation speeds resulted in the highest CoV’s in GIMEP. However, the
fastest flame propagation speed did not necessarily showed the lowest CoV in GIMEP.

In the third phase of the study, the optimal port-fuel fuel injection strategies were investigated
for highly dilute conditions, achieved by means of internal residual gas trapping, with the aim
of promoting (spark-assisted) compression ignition combustion conditions. Firstly, a negative
valve overlap strategy was implemented to increase the intake charge temperature prior to
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combustion, whilst maintaining the compression ratio. The breadth of the HCCI combustion
regime was limited by the standard SI camshaft profiles. Nonetheless, different combinations
of valve timings were investigated. It was observed that the angle of exhaust valve closure
influenced the percentage of trapped residual gases, whilst the intake valve closure angle
determined the engine volumetric efficiency. Secondly, valve deactivation was used to retain a
higher portion of exhaust gases in the cylinder and to stratify their distribution with the fresh
air and fuel mixture. Finally, a further increase in residual gas trapping was achieved by a
reduction in the peak valve lift and duration, implemented by shortening the poppet valve
stem. The WAVE model was used to predict the optimal valve timings for the highest gas
temperature at the beginning of the compression stroke and the percentage of trapped exhaust
gases.

The valve timing and lift strategies were used in conjunction with the optimised twin fuel
injection approaches to investigate HCCI combustion behaviour. Spark assisted HCCI
combustion was achieved at 1600 rpm and 3.6 bar IMEP using a negative valve overlap
strategy, lower valve lift and shortened lift duration. This was achieved without altering the
valve timing during continuous operation however it required a motored start. This resulted in
low CoV in GIMEP of 3%, however it showed periods of unpredictable and highly unstable
heat release rates, regardless of the injection strategy employed. Maximum rates of pressure
rise of 10 bar/deg were recorded. In such cases, it was concluded that the CoV in GIMEP
alone was not sufficient to describe combustion stability, particularly in the case of spark
assisted HCCI combustion. For a clear identification of HCCI combustion characteristics and
stability, factors such as CoV in cylinder peak pressures, maximum rates of pressure rise and
crank angle location of 50% mfb must be taken into consideration. It was observed that
retarding the spark timing could be used to raise the exhaust gas temperature and improve
stable controlled auto-ignition operation. The results also suggested that HCCI combustion
could benefit from valve deactivation in combination with low valve lift to reduce the duration
of the NVO phase.

This study showed that port fuel injected engines could benefit from new injection strategies.
Split phased injection increased the combustion stability of lean mixtures in the low load and
low speed areas. It showed potential to improve fuel efficiency in the typical engine operating
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range of city driving. It improved the benefits of side injection to promote fuel stratification
and lowered unburned hydrocarbon emissions. Similarly, this injection strategy also increased
combustion stability when burning with high levels of residual exhaust gas, with potential for
a reduction in NOx emissions. It is expectable that the combustion improvements obtained
with the new injection strategies, can be applied to other PFI engines with similar benefits,
particularly those with forward tumble motions.
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8 Future Work
There are several aspects of the current study that would benefit from further research. In the
first case, future work could be carried out without further modification to the single cylinder
engine used in this study. Instead, a similar investigation of the lean combustion limits could
be performed at higher engine loads and speeds. Of particular interest, is the extension of the
engine detonation borderline (knock limits), as suggested by the faster burn rates recorded for
some of the injection modes evaluated. From this point, an investigation of higher
compression ratios, to improve engine efficiency, is paramount. Furthermore, combining the
fuel injection strategies developed here with a spark plug coil capable of multiple ignitions per
cycle could be utilised for gas temperature control, to extend the lean combustion limits
further and to promote EGR tolerance over a range of engine speeds.

The fuel injection strategies developed could be implemented in a twin spark engine (similarly
to those currently in production by HONDA and Alfa Romeo). Single side injection combined
with single side ignition, could increase the stratification benefits, combustion stability and
tolerance to knock.
Secondly, further investigation could be carried out by optimising different fuel injectors,
better adapted to single valve injection, with increased atomisation and reduced wall wetting.
Different injection pressures and injector locations could also be explored.

Additionally, the local concentration of residual gas at the spark plug area could be
investigated using a spark plug adapted with an infrared detector tuned to measure residual gas
concentration. It could be used to investigate the influence of the residual concentration with
respect to the fuel concentration and the effect upon early flame development and combustion
stability. Future work could also explore the effects of different tumble gas motions upon the
local AFR in the spark plug zone. In particular, focussing upon the early flame development
phase where the split injection strategies could be optimised with different gas tumble ratios.
Phased and single-sided injection strategies could potentially increase the lean combustion
limits further under such conditions
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Another important consideration for further experimental studies would be the addition of an
external EGR circuit that would allow further investigation of the tolerance to combustion
dilution. Additional studies could also investigate cooled EGR and variable pressure (blended)
EGR circuits. It would also be of interest, for comparison purposes, to apply this type of split
intake manifold to different combustion chambers and repeat the tests.

Of interest for future research would be the application of the injection strategies to an engine
equipped with a fully variable valve train. This type of system could considerably expand the
range of the lean combustion investigation. The potential benefits of low valve lifts combined
a dual valve opening event per cycle (possible in the FIAT MULTIAIR system) and multiple
fuel injections would be of particular interest to explore further. However, these considerations
must be balanced against the extra cost implications of advanced valve trains and direct
injection combustion systems.

One other area of recommendation is related to alternative combustion modes (and fuels), their
operating ranges and transitional phases and the complex interaction between the many
different engine parameters that can be varied. For instance, the injection modes investigated
here could be applied to an engine with the capability of performing stable HCCI combustion,
to investigate combustion phasing, rate of heat release and expansion of the controlled autoignition range, for regular and alternative fuel blends. Ignition swings would be particularly
important to understand how the exhaust temperature can be increased and affect the transition
into spark assisted HCCI combustion. If stable and repeatable heat release rates could be
achieved with spark assisted

HCCI combustion, then multiple port fuel injections and

multiple spark ignition discharges could potentially be used to control combustion phasing and
engine load by the ECU, thus improving the transition to achieve HCCI combustion. At the
same time, an optical spark plug with infrared detector could be used to compare the early
temporal evolution of the AFR at spark plug location during spark assisted HCCI combustion
through the transition from and to SI combustion. In doing so, the influence of the spark
timing upon the flame development and compression ignition cases along with negative valve
overlap timings could be evaluated.
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Finally, further understanding of the in-cylinder process and the validation of computational
simulations could be carried out for the optimal fuel injection strategies employed in an optical
engine. In particular, the combustion stability sensitivity to stratification of the air, fuel and
residual fraction, in the region of the spark plug, at low engine speeds, merits special
investigation. The thermal gradients in the gas phase, generated by injecting liquid fuel (OVI
case) and vaporised fuel (CVI case) and retaining residuals, could also be characterised with
the aim to optimising the stratified mixture preparation process.

The model developed in WAVE could also be expanded by implementing a robust HCCI
combustion code. Preferably in combination with VECTIS to investigate the ideal steady state
conditions before transitions between SI and HCCI combustion modes.
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